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Abstract 

Today the automotive industry is going through big changes and facing many new challenges 

due to the transformation to a sustainable transport solution in combination with tougher legal 

demands. Gears have been around for a long time and it is one of the most efficient ways of 

transferring rotary motion from one shaft to another. Transmissions is a key factor in order to 

transfer the rotary motion from the engine to the wheels. Both traditional combustion engines 

and electric powered vehicles needs a transmission with gears. The continuously increasing 

demands on efficiency, noise and durability requires increased knowledge about gears, 

especially about gear dynamics and how vibrations are excited and transferred to the gearbox 

for different mesh frequencies. In this report, a theoretical background about gears is presented 

as well as the mechanisms behind the excitation of vibrations. The goal with this master thesis 

has been to create a validated model of a gear test rig. For the static validation, two types of 

gears have been used in the test gearbox. The gears in question are FZG standardized type-A 

gears and type-C gears. The model includes gears, shafts, bearings and housings. This model 

has been used for simulating static torque fluctuations as well as dynamic excitation of 

vibrations that is transferred to the housings, both at constant speed and with continuously 

increasing speed. In the dynamic analysis, only type-C gears have been used. To validate the 

model, vibrations have been measured on a FZG gear test rig using accelerometers and 

tachometer. For the static validation, torque has been measured while running the test rig at 5 

rpm. The results show that it is possible to get the load clutch in the model to behave as in the 

test rig. It also shows that the model can register the static torque fluctuations similar to the 

fluctuations in the test rig. The type-C gears are better suited for the simulations and gives a 

better result than the type-A gears. For the type-A gears there are some numerical problems 

related to tip contact during meshing. The investigation of the tooth contact pressure pattern 

shows a good correlation between the simulations and the used type-C gear. The patterns have 

the same shape on the tooth flank which indicates that the contact between the teeth behave 

similar in the model and the test rig. For the validation of the dynamic behaviour, the gear mesh 

overtones have been investigated, both at constant velocity and with continuously increasing 

velocity. For the simulations, there are some issues related to the FEprobes placed on the 

gearboxes so instead the data from the inner bearings in the model have been used for the 

validation. The analysis of the dynamic simulations shows that it is possible to identify the tooth 

mesh overtones but the resonance peaks are less amplified compared to the measurements from 

the test rig. For the simulations with constant velocity the overtone trend correlates well with 

the experimental data at high speeds but at lower speed there is an amplitude peak for the first 

overtone that doesn’t correlates with the measurements. As a conclusion, the model has been 

statically validated with good results while for the dynamic validation, there is still some aspects 

that need to be improved in order to get a good correlation between the simulations and the 

measurements from the test rig. Improvements suggested is to run the simulation with 

continuously increasing speed using more time steps in order to get more data points for the 

rpm spectra. It is also suggested to perform an impact hammer modal testing on the test rig in 

order to get a better understanding of the damping in the system. 

  



 

  



 

Sammanfattning 

Idag genomgår fordonsindustrin stora förändringar och står inför många nya utmaningar på 

grund av omställningen till en hållbar transportlösning i kombination med hårdare lagkrav. 

Kugghjul har funnits under en lång tid och är ett av de mest effektiva sätten att överföra 

rotationsrörelse från en axel till en annan. Transmissioner är en nyckelfaktor för att kunna 

överföra rotationsrörelse från motorn till hjulen. Både traditionella förbränningsmotorer och 

eldrivna fordon behöver en transmission med kugghjul. De ökande kraven gällande 

verkningsgrad, ljud och hållbarhet kräver mer kunskap om kugghjul, speciellt gällande 

kugghjulsdynamik och hur vibrationer exciteras och förs över till växellådshuset för olika 

kuggingreppsfrekvenser. I den här rapporten presenteras en teoretisk bakgrund om kugghjul 

och mekanismer som orsakar excitation av vibrationer. Målet med det här examensarbetet har 

varit att skapa en validerad modell av en testrigg för kugghjul. För den statiska valideringen har 

två typer av kugghjul använts i testväxellådan. Kugghjulen i fråga är FZG standardiserade  

typ-A och typ-C kugghjul. Modellen består av kugghjul, axlar, rullager och växellådshus. 

Modellen har använts för att simulera statiska vridmomentsfluktuationer och dynamisk 

excitation av vibrationer som överförs till växellådshusen, både vid konstant hastighet och för 

kontinuerligt ökande hastighet. I den dynamiska analysen har enbart typ-C kugghul använts. 

För att validera modellen har vibrationer mätts i en FZG testrigg för kugghjul genom att 

använda accelerometrar och takometer. För den statiska valideringen har vridmomentet mätts 

medans testriggen kördes med en hastighet av 5 rpm. Resultatet visar att det är möjligt att få 

lastkopplingen i modellen att bete sig som i testriggen. De visar också att modellen kan 

registrera statiska vridmomentsfluktuationer på ett liknande sätt som i testriggen. Typ-C 

kugghjulen är bättre lämpade för simuleringarna och ger ett bättre resultat än typ-A kugghjulen. 

För typ-A kugghjulen är det numeriska problem som är relaterade till toppkontakt under 

kuggingrepp. Undersökningen av tandkontaktsmönstret visar på god överensstämmelse mellan 

simulering och det använda typ-C kugghjulet. Kontaktmönstret har samma form på 

kuggflanken vilket indikerar att kontakten mellan tänderna sker på samma sätt i modellen som 

det gör i testriggen. För valideringen av det dynamiska beteendet har övertonerna för 

kuggingrepp undersökts, både vid konstant hastighet och för kontinuerligt ökande hastighet. 

För simuleringarna är det vissa problem relaterade till FEprobes som är placerade på 

växellådshusen så istället har data från de inre rullagren använts för validering. Analysen av de 

dynamiska simuleringarna visar att det är möjligt att identifiera kuggingreppsövertonerna men 

resonanspikarna är mindre förstärkta jämfört med mätdata från testriggen. För simuleringarna 

med konstant hastighet överensstämmer trenden för övertonerna väl med experimentella data 

vid höga hastigheter men vid lägre hastigheter är det en amplitudspik för den första övertonen 

som inte överensstämmer med mätningarna. Som slutsats så är modellen statiskt validerad med 

goda resultat medans för den dynamiska valideringen är det fortfarande vissa aspekter som 

behöver förbättras för att få en bättre överensstämmelse mellan simuleringar och mätningar från 

testriggen. Föreslagna förbättringar är att köra simuleringarna med kontinuerligt ökande 

hastighet med fler tidssteg för att få fler datapunkter för varvtalsspektrumet. Det föreslås också 

att genomföra ett knacktest på testriggen för att få en ökad förståelse om dämpningen i systemet. 
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Nomenclature 

FZG  Forschungstelle fur Zahnrader und Getriebebau 

 

p Circular pitch 

 

N Number of teeth 

 

m Module 

 

α Pressure angle 

 

mc Contact ratio 

 

Lab Line of action 

 

ra max Maximum allowed addendum circle radius 

 

c Centre distance between the meshing gears 

 

rb Base radius  

 

rk Normal to the involute 

 

β Helix angle 

 

ωp Angular velocity, pinion 

 

ωg Angular velocity, gear 

 

dp Diameter, pinion 

 

dg Diameter, gear 

 

km Mesh stiffness 

 

cm Viscous damping in gear mesh 

 

e(t) Excitation of energy from gear mesh 

 

C Damping 

 

M Material matrix 

 

K Stiffness matrix 

 

ξ Damping ratio 

 

FFT Fast Fourier Transform 
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1 Introduction 

 

1.1 About Scania 

Scania is a one of the world-leading producers of transport solutions, including trucks, buses 

and engines for marine and heavy-duty applications. Scania is well known for their modular 

system and connected vehicles as well as providing uptime for their customers. Right now, 

Scania is undergoing a transformation from being a traditional manufacturer of trucks, buses 

and engines to a supplier of complete and sustainable transport solutions. The company has 

around 52 100 employees and is established in over 100 countries with production in Europe, 

Asia and Latin America. During 2018 Scania produced 87 995 trucks, 8 482 buses and 12 809 

engines [1]. Since 2018 Scania is a part of Traton Group which is the Volkswagen division for 

trucks and buses. The other companies in Traton group is the German truck and bus 

manufacturer MAN and Volkswagen Caminhões e Õnibus.  

 

1.2 Problem formulation 

Gears have been around for a long time but there is still a need for better models and better 

understanding of transmissions. Both trucks with combustion engines and electric powered 

trucks need gears which are efficient and durable to fulfil the demands of the future. During the 

transformation from combustion engines to electric power the gearbox will operate at higher 

speed and that will affect the excitation of vibrations because of changes in the gear mesh 

frequency. 

 

1.3 Purpose and goal 

The purpose of this master thesis is to increase the understanding of torque fluctuations during 

meshing and excitation of vibrations by investigating static and dynamic loads in a FZG gear 

test rig. Further to evaluate the software Transmission3D for dynamic simulations of gear 

interactions. 

 

The goal of this master thesis is to develop and validate a model of a FZG gear test rig that 

includes gears, bearings, shafts and housing. The validation will be divided into static part were 

torque fluctuations and gear contact pattern will be investigated and a dynamic part were the 

gear mesh overtones will be investigated. 

 

1.4 Limitations 

• The thesis work was limited to a time period of 20 weeks corresponding to 30 academic 

credits. 

• The simulation and testing were carried out using FZG standardized gears, type-A and 

type-C. 

• The testing was limited to one set of type-C gears and one set of type-A gears. 
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1.5 Delimitations 

• The simulations only include transmission error caused by tooth deflection and 

vibrations. Transmission errors caused by manufacturing defects and misalignments are 

excluded in the model. 

• There will be no convergence study to determine the optimal size of the FEM elements. 

 

1.6 Gearbox  

In order for vehicles to operate efficient and run smoothly a gearbox is needed. The purpose of 

the gearbox is to transfer rotational power produced by the engine to the wheels of the vehicles. 

Internal combustion engines can only operate within a certain power band and often when 

driving the desired speed or torque is outside the limits of the engine power band. By using 

gears, the transmission ratio can be changed so that the vehicle reaches the desired speed or 

torque level while the engine still operates within its power band. Another benefit is that it is 

possible to reverse the vehicle by using a reverse gear that change the direction of the rotation. 

Modern heavy-duty trucks use a so called automated manual transmission with syncromesh. 

The gearbox works like a manual transmission but the shifting is done by a computer that uses 

an algorithm that determines which gear that should be used based on the speed of the vehicle 

and the throttle response from the driver. In order to change gear, the engine must be temporary 

disengaged from the gearbox so that no torque is transferred from the engine to the gearbox. 

The reason for this is that it requires a lot of force to disengage a gear pair under load and there 

is a significant risk of damaging the gears. In a manual transmission, a clutch is used to 

disengage the engine. The clutch connects the flywheel on the crankshaft of the engine and the 

friction plate.  

 

In heavy duty trucks range transmission are used, this type of transmission has a H-pattern with 

a narrow range of gears with a range controller. The range controller is divided into high and 

low. As an example, if the gearbox has an 8-speed transmission, the first four gears is available 

in low range and by changing from low range to high range the first gear position becomes the 

fifth and second position becomes sixth and so on up to eight. Another type of transmission 

used in heavy duty trucks is splitter transmission. This type of transmission also uses a H-

pattern. By splitting each sequential gear position, the H-pattern generate an 8-speed 

transmission. By changing the split from low to high, each position in the H-pattern will have 

two gears. Modern heavy-duty trucks use a combination of range transmission and splitter 

transmission and is called range-splitter transmission. This type of transmission has both a 

range selector and a splitter selector which gives a configuration that allows even more gear 

ratios while still following a regular pattern for shifting [2]. 
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2 Theoretical background 

The definition of a gear is a toothed member transmitting rotary motion from one shaft to 

another. Gears are one of the most efficient types of transmissions with an efficiency of 98 % 

[3]. The manufacturing costs of producing gears are high since it is a complicated process that 

requires multiple steps with high precision. The complexity and cost of producing gears keeps 

increasing with higher demands on load capacity, rotation speed and noise level. When 

modelling gears and transmission, it is of great importance to have a good knowledge about 

gear design in order to ensure that the transmission will have a high efficiency, low noise and 

long life. 

 

There are many types of gears that can transmit rotary motion, not only between parallel shafts 

but to perpendicular and inclined shafts as well. With this said, this study will only focus on 

gears that transmits rotary motion between parallel shafts. The gears in question are spur gears 

and helical gears. This study will include basic information about spur gears, helical gears and 

a description of the terminology of gear teeth. The study will also include information about 

different tooth modifications that can be used to reduce stresses and noise. Finally, this study 

will include basic information about the FZG gear test rig, bearings and theoretical information 

about dynamic analysis of gears. 

 

2.1 Spur gears 

Spur gears are the simplest type of gears and is also the most common type. Spur gears transfer 

motion between parallel shafts and have teeth that are parallel to the shafts. In a pair of mating 

gears, the gear with the small diameter is called a pinion and the gear with the large diameter is 

only referred to as a gear [3]. Figure 2-1 illustrates a simple model of mating spur gears. 

 

 
Figure 2-1: Illustration of mating spur gears. [4] 

 

2.1.1 Geometry and concept 

The basic requirement for mating gears are that the angular velocity ratio is exactly constant in 

every position during meshing. There will always be manufacturing errors and tooth deflections 

that will cause small deviation but tooth profiles are based on mathematical curves that meets 

the criterion of constant angular velocity. This requirement is called conjugate gear-tooth 

action. If the angular velocity is not uniform during meshing it is called transmission error. 

Figure 2-2 visualizes the nomenclature of basic gear geometry. 
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Figure 2-2: Nomenclature of an involute gear tooth. [3]. 

From figure 2-2, the circular pitch (p) is defined according to equation 2.1: 

 

𝑝 =
𝜋𝑑

𝑁
       (2.1) 

 

When describing gears, a more common way to define the size of a gear tooth is module (m) 

which is defined as pitch diameter divided by number of teeth. This relationship is described in 

equation 2.2: 

 

𝑚 =
𝑑

𝑁
       (2.2) 

 

For a pair of mating gears, it is required that the two gears have the same module (or circular 

pitch) otherwise the tooth will not fit in the space between the teeth of the mating gear. The 

standard dimension of the addendum is the same as the module and the standard dimension of 

the dedendum is 1.25 times the addendum. The reason why the dedendum is larger than the 

addendum is because there needs to be some clearance between the root of the pinion and the 

tooth tip of the gear to avoid interference. 

 

When looking at the gear from the front, the geometry of the gear is described by several 

diameters such as root diameter, pitch diameter, base diameter and tip diameter. All these 

diameters can be seen in figure 2-3. Base diameter is the start point for the involute. Pitch 

diameter is the same as reference diameter and is the circle were the pitch point for contact 

takes place. Tip diameter is the outer diameter of the gear and is sometimes called addendum 

diameter. Root diameter is the bottom diameter of the tooth. 
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Figure 2-3: Nomenclature of a spur gear. [4] 

 

Pressure angle (α) is the angle between the start- and endpoint for tooth contact. Another 

important concept of gear contact is line of action. Line of action is defined by drawing a tangent 

at the pitch point with an angle α [5]. The Line of action is the length of the path of gear teeth 

contact.  

 

Another important property of gear design is the contact ratio. The contact ratio indicates an 

average of how many pairs of teeth that are in contact and can be described by equation 2.3. 

 

𝑚𝑐 =
𝐿𝑎𝑏

𝑝𝑐𝑜𝑠𝛼
       (2.3) 

 

When designing gears, it is important to have in mind that the contact ratio should be greater 

than 1.2 [5]. If the contact ratio is lower than 1.2 there is a risk of getting impacts between the 

teeth when meshing which will increase the noise.  

 

Interference will prevent the rotation of the mating gears. This phenomenon occurs when either 

of the addendum circles extends beyond the interference point. For the mating gears to be able 

to rotate, the teeth needs to be modified. This can be done either by undercutting or by removing 

the interfering part of the tooth tips [3]. Undercutting will affect the strength of the tooth 

negative so the most common way to deal with interference is to modify the tooth tip. The 

maximum allowed addendum circle radius of the pinion or gear without risking interference 

can be calculated using equation 2.4. 

 

𝑟𝑎 𝑚𝑎𝑥 = √𝑟𝑏
2 + 𝑐2𝑠𝑖𝑛2𝛼      (2.4) 
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2.1.2 The involute curve 

The involute curve can be described as pencil attached to a string that unwinds from a circle. 

The curve drawn by the pencil while it is rolling is the involute curve [6], figure 2-4.  

 

 
Figure 2-4: Involute profile. [6] 

 

The most fundamental property of the involute curve is the base radius and is used to 

mathematically describe the involute. Equation 2.5 describes the base radius and equation 2.6 

describes the relationship between the length of the involute curve and the base radius. 

 

𝑟𝑏 = 𝑟𝑐𝑜𝑠𝛼      (2.5)

   

𝑟𝑘 = 𝑟𝑠𝑖𝑛𝛼 = 𝑟𝑏𝑡𝑎𝑛𝛼 = 𝑟𝑏(𝛼 + 𝜃)     (2.6) 

 

 

Equation 2.5 and 2.6 implies that as the base radius of the gear approaches infinity the involute 

curve will become a straight line.  

 

2.2 Helical gears 

A helical gear is similar to a spur gear with the difference that the tooth is tilted with an angle 

called helix angle and therefore it is no longer perpendicular to the shaft, see figure 2-5. If the 

helical gear has a helix angle of 0 degrees it would by definition be a spur gear.  

 

 
Figure 2-5: Helical gear. [7] 

The benefits with a helical gear is the reduced noise and vibrations compared with a spur gear, 

this reduction is due to a more gradually tooth engagement compared with a spur gear [7]. This 

is one of the main reasons why helical gears are common in automotive transmissions. For two 

helical gears to be able to mate they need to have the same helix angle but one gear must have 

a positive angle and the other one must have a negative angle. This is called a right handed and 

left handed helical gear. A right-handed gear has a helix angle, β>0 and a left-handed gear have 
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a helix angle, β<0. When introducing a helix angle, the normal force will no longer only be 

radial and circumferential; an axial force will also be introduced [6]. Because of the axial force 

the requirements for the bearings will change, the bearing now need to be able carry an axial 

load. A common way to deal with this is by replacing the cylindrical roller bearings with tapper 

roller bearings that has a conical shape. 

 

2.3 Misalignments 

Misalignments during meshing is caused by manufacturing errors or assembly errors and 

implies that there is an axial shifting of the position of the tooth engaging [8]. There are four 

main categories of tooth engagement misalignment [9]. These misalignment categories are axial 

misalignment, radial misalignment, pitch misalignment and yaw misalignment. These types of 

misalignments are visualized in figure 2-6. These four main categories can be generalized into 

linear and angular misalignments. Involute gears are very sensitive to misalignment and if 

misalignments are present, it will cause transmission errors, noise, vibrations and increased 

wear rate. 

 

 
Figure 2-6: (a) Axial misalignment, (b) Radial misalignment, (c) Pitch misalignment, (d) Yaw misalignment. [9] 

 

2.4 Tooth modifications 

The main idea with tooth modifications is to improve the strength, reduce noise and increase 

the life of the gear. The modifications described in this section all have in common that they 

remove sharp edges. Modifying the tooth flank implies that there are alterations of the tooth 

flank face. 

 

2.4.1 Profile shift 

Profile shift is a tooth modification generated during the cutting process. When the position of 

the rack cutter is moved from nominal circle so that it no longer tangent to the pitch circle of 

the work piece. The profile shift will generate a displacement of the basic rack datum line from 

the reference cylinder [10]. By dividing the profile shift with the module, it becomes 

dimensionless and is called profile shift coefficient. The profile shift can be either positive or 

negative. A positive profile shift will give a smaller contact ratio and a negative profile shift 

will increase the contact ratio. Figure 2-7 illustrates the position of rack cutter relative to the 

work piece. With a positive profile shift, the reference tooth thickness increases due to a 

reduction of the curvature radii which increases the bending strength for gears with less than 

50 teeth. For gears with more than 100 teeth the bending strength slightly decreases with a 

positive profile shift [10].   
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Figure 2-7: Position of the cutter relative to the work piece: (a) nominal, (b) negative profile shift, (c) positive profile shift. 

[10] 

Introducing a profile shift does not affect base- and reference diameter. A positive profile shift 

requires an increase of the tip diameter, root diameter and reference diameter. The profile shift 

does not affect the pitch circle so mating gears with different profile shift but same module is 

still able to mesh correctly [10].   

 

2.4.2 Tooth root undercutting 

Undercutting of the gear tooth flank will affect the strength of the tooth negatively. This 

negative effect is due to the removal of material at the dedendum which makes the tooth thinner. 

Another effect of the material removal is that the useful part of the tooth, known as the involute 

part will be reduced and at the same time the non-useful part, known as the fillet increases [10]. 

 

One way to reduce the risk of undercutting is by using a positive profile shift coefficient. The 

downside with a large profile shift coefficient is the risk of getting a pointy gear profile. To 

make sure that undercutting does not occur during manufacturing and without risking getting a 

pointy gear profile, the minimum allowed number of teeth for a gear is nine. This minimum of 

teeth for a gear is one of few drawbacks with the involute profile [6]. In figure 2-8 it is illustrated 

how undercutting can be avoided by using a positive profile shift. 

 

 
Figure 2-8: Effect of positive profile shift. 

 

2.4.3 Tooth tip relief 

The idea with tooth tip relief is to reduce or possibly eliminate the contact shock during the 

transition from double to single contact of gear teeth when meshing. These impacts generate 

noise and the pitch inaccuracies are amplified. Another drawback is that the shocks will cause 

deformations of the tooth. By removing material from the tip, the impact can be reduced. This 

is particularly important for heavily loaded gears. There are two commonly used tip relief 

profiles, linear and parabolic. Linear profile gives a small transmission error for a specific load 

while a parabolic profile gives a smooth tooth flank with the downside that the transmission 

error is increased [11]. The magnitude of the tip relief depends on how much the tooth 

elastically deforms.  
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2.4.4 Crowning 

Using this type of modification will reduce the vibrations and noise caused by misalignment 

and manufacturing errors. By making the tooth centre slightly thicker, the high contact pressure 

along the edges will be reduced resulting in less noise and vibration [12]. The service life of the 

gear will also be increased due to reduced contact pressure. Figure 2-9 illustrates how the 

thickness varies along the face width. 

 

 
Figure 2-9: Flank line crowning. [10] 

 

2.5 Bearings 

When shafts are rotating, bearings are needed in order to carry the loads. There are many factors 

to consider when selecting bearings, examples of these factors are load capacity, rotational 

speed, misalignments, operating conditions, lubrication and assembling. In the FZG test rig 

cylindrical roller bearings and tapered roller bearings are used. The basic concepts of these 

bearing types will be presented in this section. 

 

Cylindrical roller bearings consist of an inner and an outer ring and between the rings there are 

cylindrical rollers. These rollers are held in place by a cage. The purpose of the cage is to keep 

the rollers at a constant distance from each other. Cylindrical roller bearings are capable of 

supporting high radial load but have very limited capability of supporting axial loads. The 

ability of supporting axial load in one direction depends on the geometry of the inner- and outer 

ring. 

 

Tapered roller bearings are capable of supporting high radial and axial loads. This type of 

bearing consists of a conical inner ring with rollers that are conically shaped. The rollers are 

then held in place by an outer cup. The rollers are restrained by a flange on the inner ring against 

which the large end of the roller will slide. Without the flange, there is a risk that the rollers 

would come off causing failure. Single row tapered roller bearings can easily be separated 

which can be helpful when assembling the bearing. A common way to use tapered roller 

bearings is to use a so-called back to back pair or face to face pair [13] which means that two 

bearings are used in the opposite direction to each other. This type of installation will support 

the axial force equally in either directions. The magnitude of the bearings axial load capacity is 

determined by the cup angle, a higher cup angle will give increased axial load capacity. This 

can be explained by looking at an axial section of the bearing. All the rollers would meet in a 

common point on the central axis, this point is called the thrust centre. When increasing the cup 

angle the axial distance from the outer cup to the thrust centre will increase. If the load is divided 

into radial and axial component, the axial component would increase with increased distance 

to thrust centre. 
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There are several international standards that describes the geometry of the bearings, tolerances 

and how they should be designated. In ISO 15, the boundary dimensions for cylindrical roller 

bearings are described and in ISO 355, the boundary dimensions and series designations are 

described for tapered roller bearings[14,15]. In figure 2-10 the nomenclature of standardized 

boundary dimensions for cylindrical roller bearings are illustrated and in figure 2-11 the 

nomenclature of the standardized boundary dimensions for tapered roller bearings are 

illustrated. 

 

 
Figure 2-10: Standardized boundary dimensions for cylindrical roller bearings.[14] 

 
Figure 2-11: Standardized boundary dimensions for tapered roller bearings.[15] 

 

For bearings with cylindrical rollers, a logarithmic crowning profile is common, because the 

crowning profile determines the stress distribution of the contact pressure between the roller 

and the race of the inner- and outer ring [16]. Another reason for the roller crowning is to 

prevent stress concentrations at the edge of the roller, it also makes the bearing less sensitive to 

misalignments and bending of the shaft. If the load in the bearing is evenly distributed it will 

extend the life of the bearing.  
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In all roller bearings, there is a cage, except for bearings with maximum number of rollers. The 

benefits of having a cage is to keep the rollers at a specific distance from each other in order to 

provide optimized load distribution, reduce friction moment and friction heat, improve the 

rolling conditions in order to avoid sliding [16]. It also gives less noise and it keeps the rollers 

in place when disassembling the bearing. There are many different types of cages and they are 

classified after manufacturing method and material. Cylindrical roller usually has a so-called 

window-type cage, see figure 2-12a. Common materials for the cage are polymers such as glass 

fibre reinforced PA66, glass fibre reinforced PEEK, pressed steel sheet or massive brass. The 

cage can either be positioned centred to the roller centre or centred to the outer ring for 

cylindrical roller bearings. Tapered roller bearings also have a so-called window-type cage, see 

figure 2-12b. For this type of cage, pressed steel sheet is the most common material but polymer 

cages made of glass fibre reinforced PA66 or glass fibre reinforced PEEK can be used [16]. 

Tapered roller bearings always have the cage positioned centred to the roller centre.  

 

 
Figure 2-12: a) Window cage, cylindrical roller bearing. b) Window cage tapered roller bearing. [16] 

 

2.6 FZG gear test rig 

FZG testing is a standardized test method for testing tribological properties of gears. The tests 

evaluate the fluid lubrication and wear protection at the interface in a loaded gear pair. FZG is 

a German shortening and stands for “Forschungstelle fur Zahnrader und Getriebebau” 

translated to English the Technical Institute for the Study of Gears and Drive Mechanics [17]. 

There are several tests that can be performed with the FZG test rig.  

 

The gear wear test evaluates gear tooth face scuffing resistance of a fluid lubricant. This test is 

standardized and described in the standard ASTM D5182-97(2014). The test rig operates at a 

constant speed of 1450 rpm for a specified period of 21 700 revolutions. The test should be 

repeated until the failure criteria is reached. The test gears should be visually examined before 

the test and after each test cycle for analyse of the cumulative damage [18]. In addition to the 

visual inspection the mass loss of the gears is measured. After each test cycle the load is 

increased according to the standard. 

 

Another gear wear test that investigate the same type of damage as mentioned above is 

described in the standard ASTM D4998. The main difference between this test and ASTM 

D5182-97(2014) is the test cycle. The test cycle of ASTM D4998, the load is constant and the 

test runs for 20 hours at a speed of 100 rpm [19]. 
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There is also test methods for investigating gear pitting resistance of fluids. These tests are not 

standardized but in general these tests run at constant load, speed and temperature for up to 300 

hours [17]. During the test, visual inspections of pitting damage on gear tooth face. These 

inspections are carried out after predetermined intervals.  

 

2.7 Dynamic analysis 

When a system becomes dynamic, it starts to move and the acoustic becomes important since 

a system in motion vibrates. The amplitude of the vibrations depends on the Eigen frequency 

and damping of the system. In a gearbox, noise and vibrations are generated when the teeth 

mesh and its often referred to as gear whine [20] which is purely harmonic tones at high 

frequencies that corresponds to the gear mesh frequency. The magnitude of the load will affect 

the dynamics of the gearbox and by increasing the load, the noise and vibrations will increase. 

Transmission errors is an important aspect since it is the major excitation mechanism for gear 

whine. Transmission errors are caused by tooth deflection, geometric errors and geometric 

modifications.  

 

Although the origin of the vibrations is from the gear mesh, there are other aspects that will 

determine the magnitude of the vibrations and noise generated by the gearbox. The vibrations 

will be transmitted through the shafts and the bearings to the housing. The stiffness of the 

bearing is dependent of the applied load which will affect the transmission of vibrations. The 

stiffness of the bearing has a nonlinear behaviour when loaded and the stiffness of the bearing 

elements will increase with increasing radial load. When introducing a radial moment, the 

stiffness of the bearing will reach a local minimum at a certain load, beyond that load the 

stiffness will continue to increase. This local minimum of bearing stiffness is explained by the 

low radial moment causing only one half of the inner ring to be in contact with rollers [21].  

 

The influence of endplay and preload on vibrations for tapered roller bearings have been 

investigated by [22] and the study shows that the influence of the preload is larger than the 

influence of end play. In the study, it was also concluded that the bearing preload changes the 

dynamics of the system and not the excitation of vibrations since the peaks corresponds to 

changes of the resonance frequencies in the system.  

 

Damping is an important aspect when it comes to dynamic analysis. Damping is a reduction of 

the vibration and is physically described as dissipation of energy stored in the oscillation. For 

large systems, it is difficult to calculate Eigen frequencies and correct damping coefficients. 

Therefore, a common way to determine Eigen frequencies are by doing experiments were the 

accelerations are measured.  

 

2.7.1 Gear contact models for dynamic modelling 

Over the years multiple mathematical models have been developed to describe the dynamic 

gear contact. During the 60’s a simple gear contact model was developed by [23]. This model 

introduced the time dependence of the mesh stiffness caused by variations of number of teeth 

in contact during meshing. The model has only one degree of freedom corresponding to the 

transmission error during meshing and it can be described by two rigid discs connected with a 

spring that represents the mesh stiffness, this model is illustrated in figure 2-13. 
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Figure 2-13: Gear contact model developed by [23] . 

 

The mathematical model of gear contact was further developed by [24] by introducing viscous 

damping to the mesh stiffness as well as backlash, see figure 2-14.  

 

 
Figure 2-14: Gear contact model developed by[24]. 

 

The model has two-degrees of freedom and the spur gears are modelled as discs with rotary 

inertia. This Backlash can be described as the distance between each meshed tooth flank in a 

pair of gears when the tooth face surfaces are in contact. Backlash can generate torsional 

vibrations that will cause impacts if the gears are unloaded or lightly loaded. These impacts will 

generate vibrations and noise as well as large dynamic loads that will reduce the life length of 

the gears [24]. There will always be some backlash because of manufacturing errors, wear and 

to provide lubrication on the teeth flanks. 

 

More complex models have been developed with six degrees of freedom were the equations of 

motion often is solved by numerical integration. With these models, it is possible to investigate 

the influence of tooth modifications and misalignments as well as friction [25].  
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2.7.2 Rayleigh damping 

Rayleigh damping is known as classical damping and is based on two assumptions, the damping 

of the model is viscous and that the damping is a linear response of the model [26]. Rayleigh 

damping expresses the damping as a linear combination of the stiffness and mass matrices. The 

damping of the system can be described by equation 2.7, where α and β are constants with the 

unit 1/sec.  

 
[𝐶] = 𝛼[𝑀] + 𝛽[𝐾]      (2.7) 

 

The benefit of using Rayleigh damping is that it takes advantage orthogonal transformation 

which saves time during computation. Orthogonal transformation reduces the damping matrix 

according to equation 2.8 [26]. 

 

2𝜉𝑖𝜔𝑖 = 𝛼 + 𝛽𝜔𝑖
2      (2.8) 

 

To be able to determine the coefficients α and β, the damping ratio and Eigen frequency must 

be known. By making a plot of equation 2.8 and the mass- and stiffness component separated 

with the damping ratio as a function of the frequency, it clear that the mass damping dominates 

at low frequencies, but when reaching higher frequencies, the stiffness damping dominates and 

the mass damping part almost provide no damping at all to the system. This plot is illustrated 

in figure 2-15. 

 

 
Figure 2-15: Graphical representation of Rayleigh damping. 

 

2.8 Fast Fourier Transform 

The Fourier series is used to deconstruct a periodic function into the sum of multiple sinusoidal 

components [27]. The Fourier series for real numbers with a period of T can be described with 

equation 2.9. 

 

𝑔(𝑡) = 𝑎0 ∑ 𝑎𝑚 (
2𝜋𝑚𝑡

𝑇
)∞

𝑚=1 + ∑ 𝑏𝑛 (
2𝜋𝑛𝑡

𝑇
)∞

𝑛=1    (2.9) 
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The constants am and bn are coefficients of the Fourier series and these coefficients are used to 

determine the relative weights for each sinusoidal [27]. These coefficients can be expressed by 

equation 2.10, 2.11 and 2.12. 

 

𝑎0 =
1

𝑇
∫ 𝑓(𝑡)𝑑𝑡

𝑇

0
      (2.10) 

 

𝑎𝑚 =
2

𝑇
∫ 𝑓(𝑡)𝑐𝑜𝑠 (

2𝜋𝑚𝑡

𝑇
)

𝑇

0
𝑑𝑡     (2.11) 

 

𝑏𝑛 =
2

𝑇
∫ 𝑓(𝑡)𝑠𝑖𝑛 (

2𝜋𝑛𝑡

𝑇
)

𝑇

0
𝑑𝑡     (2.12) 

 

For complex numbers, the Fourier series with a period of T can be described by equation 2.13. 

 

𝑔(𝑡) = ∑ 𝑐𝑛𝑒𝑖
2𝜋𝑛𝑡

𝑇∞
𝑛=−∞      (2.13) 

 

From equation 2.13, the coefficient cn can be calculated using equation 2.14 

𝑐𝑛 =
1

𝑇
∫ 𝑓(𝑡)𝑒−𝑖

2𝜋𝑛𝑡

𝑇 𝑑𝑡
𝑇

0
      (2.14) 

 

If the signal isn’t periodical it is not possible to use the Fourier series, instead the Fourier 

integral can be used. The Fourier integral combines the frequency domain and the real domain 

that described the wave of the signal by letting the period time, T→. The Fourier integral are 

described in equation 2.15 and 2.16. 

 

𝐻(𝑡) = ∫ ℎ(𝑓)𝑒−𝑖(2𝜋𝑓𝑡)𝑑𝑡
∞

−∞
    (2.15) 

 

ℎ(𝑡) = ∫ 𝐻(𝑡)𝑒−𝑖(2𝜋𝑓𝑡)𝑑𝑓
∞

−∞
     (2.16) 

 

where f is the frequency, 1/T. The Fourier integral described in equation 2.15 and 2.16 only 

works for continues functions and since the measurements and simulation results are discrete 

real numbers, it can’t be used, however this problem can be solved by using discrete Fourier 

transform [28]. For a given number of values N, u0, u1, … uN-1 the discrete Fourier transform 

can be described by equation 2.17 and 2.18. 

 

𝑢𝑘 = ∑ 𝑢𝑗𝑒−𝑖(
2𝜋𝑗𝑘

𝑁
)𝑁−1

𝑗=0       (2.17) 

 

𝑢𝑗 =
1

𝑁
∑ 𝑢𝑘𝑒𝑖(

2𝜋𝑗𝑘

𝑁
)𝑁−1

𝑘=0       (2.18) 

 

The first equation gives the discrete Fourier transform of sequence uj and the second equation 

gives the inverse discrete Fourier transform of the sequence uk. The interpretation of uj is a 

physical quantity at point xj and the sequence uj is the sampling of values with the sampling 

interval Δx. The interpretation of uk is the complex values that specifies the amplitude (xN) and 

the phase of the set of N Fourier components. The problem with the discrete Fourier transform 

is that it takes a lot of computational power because it requires N2 arithmetic operations. One 

way to reduce the number of arithmetic operations is by using FFT. FFT uses an algorithm that 

re-arrange the multiplications and sums of equation 2.17 resulting in a reduction of the total 

number of arithmetic operations to N*ln(N) [28]. 
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3 Simulation 

The model used for the simulations is illustrated in figure 3-1 and it consists of gears, shafts, 

bearings and housings. In figure 3-1 the bearings and housings are included in the test gearbox 

and the slave gearbox.  

 
Figure 3-1: Schematic representation of the model. 

In the model, there are two gearboxes with one gear pair in each gearbox. In the test gearbox 

spur gears are used, both type-A and type-C and in the slave gearbox, there is a helical gear 

pair. In the model, the test gear and the slave gear are connected with a shaft divided into three 

sections, these shaft sections are: test gear, torsion rod and slave gear. The test pinion and slave 

pinion have two separate shafts that are connected with the load clutch. The rotary motion from 

the electric motor is transferred into the system by an input shaft that is connected to the slave 

gear. To be able to constrain the motion of the shafts and gears, bearings are used. In the test 

gearbox, there are cylindrical roller bearings on each side of the gears connecting the shafts to 

the gearbox. For the slave gearbox, there is a similar use of bearing as in the test gearbox with 

the difference that tapered roller bearing are used instead of cylindrical roller bearings. In the 

support housing, there is a spherical roller bearing that is used to stabilize the test pinion shaft. 

 

Both static and dynamic analysis have been performed. The purpose of the static analysis has 

been to look into the torque fluctuations during meshing and to verify that the model behaves 

the same as the FZG test rig before starting any dynamic analysis. The software and the different 

parts of the model is described in the following sections as well as the setup of the analysis. 

 

3.1 Software 

The software used for the simulations is Transmission3D developed by Advanced Numerical 

Solutions LLC [29]. This software is a 3-dimensional multi body contact analysis software 

specialized for modelling complex gear systems. Transmission3D makes it possible to model 

several types of gears, such as helical, spur, bevel, hypoids and worm gears. It is also possible 

to include multiple types of bearings, model complex shafts and import gearbox housing into 

the model. Running an analysis gives a variety of output data such as tooth bending stress, 

contact patterns and displacements.  

 

3.2 Rotors 

In Transmission3D, the model is build-up of rotors. A rotor can be of several types: input, 

output, idler, attached to housing or inactive. When the input speed is known for a rotor it is an 

input rotor and if the load is known it is an output rotor. If neither the load or the input speed 

are known the rotor is an idler. For the case when the rotor is fixed and not rotating, for example 
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if the ring gear in a planetary gear is a part of the housing the rotor type is attached to housing. 

An inactive rotor is a rotor that is part of the transmission but not needed for the analysis. To 

be able to run the analysis the number of input rotors must be equal to the number of degrees 

of freedom, if not, the system will be indeterminate [30].  A rotor consists of two different types 

of machine elements, shafts and gears. In Transmission3D gears are called suns so for future 

reference when suns are mentioned in the report it refers to gears. When a rotor is created the 

coordinates relative to the global coordinate system in the model must be specified. It is possible 

to constrain the rotor in space by locking any motion in the x, y and z direction as well as 

rotations along the x- and y- axis. Rotations along the z-axis is not possible to constrain since 

the rotor must be able to rotate in order to transfer motion. It is also possible to constrain the 

rotors using connector. The use of connector will be described in section 3.3. 

 

The model is build-up of 13 rotors, these rotors are illustrated in figure 3-2 and in table 3-1 the 

rotor type, suns and number of shafts for each rotor is presented. 

 

 
Figure 3-2: Overview of the model. 

 

 
  

Testigearboxipinion

Testigearboxigear

Slaveigearboxipinion

Slaveigearboxigear
Inputishaft

Loadiclutch,itestiside
Loadiclutch,islaveiside

Torsionirod,itestiside Torsionirod,islaveiside

Testihousingipinion

Testihousingigear

Slaveihousingipinion

Slaveihousingigear



 18 

Table 3-1: List of rotors in the model. 

Rotor name Rotor type Sun Number of 

shafts 

Test gearbox pinion Output Spur gear, pinion 1 

Test gearbox gear Idler Spur gear, gear 1 

Test housing pinion Attached to 

housing 

N/A 2 

Test housing gear Attached to 

housing 

N/A 2 

Slave gearbox pinion Idler Helical gear, pinion 2 

Slave gearbox gear Idler Helical gear, gear 2 

Slave housing pinion Attached to 

housing 

N/A 2 

Slave housing gear Attached to 

housing 

N/A 2 

Torsion rod, test side Idler N/A 1 

Input shaft Input N/A 1 

Torsion rod, slave side Idler N/A 1 

Load clutch, test side Idler N/A 1 

Load clutch, slave side Idler N/A 1 

 

 

3.2.1 Shafts 

One of the first things that needs to be specified in in the shaft menu is the axial position of the 

shaft. It is important to be aware that the axial position is relative to the rotors local coordinate 

system and not the global coordinate system. The next step is to specify Young’s modulus and 

density of the shaft. The shaft is constructed of several shaft segments. In the shaft segment 

menu, the length, outer diameter and inner diameter needs to be specified. If the shaft segment 

does not have a constant diameter it can be modelled as either conical were the start and end 

diameters are specified or it can be modelled as stepped, for a stepped segment, four diameters 

are specified as well as the distance between each stepped diameter. For each shaft segment the 

number of FEM-elements needs to be specified. Transmission3D uses cubic elements as default 

and the input required are the number of radial-, circular- and axial elements. One important 

setting for shaft segments is that one segment in a rotor needs to have the inner surface of the 

shaft rigid constrained otherwise the shaft is free to move in space and will cause errors during 

analysis. For shaft segments that are connected to a sun or a connector the outer surface of the 

shaft needs to have a race specified. A race requires the Fourier order in circular- and axial 

direction. Important to notice is that the Fourier order (axial and circular) of the shaft segment 

needs to be the same as the element that it will connect with. To connect two separate shafts 

that overlaps in the same rotor it is possible to use an outer and respectively an inner race on 

the two connecting shaft segments, again it is important to use the same Fourier order. Using 

an outer and an inner race on two shaft segments can be described as gluing the shafts together. 

Table 3-2 presents the Fourier order used for each shaft segment, which rotor the shaft segment 

belongs to and what the shaft segment connects to. 
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Table 3-2: Fourier order for used for the shaft segments. 

Rotor shaft Connects to Axial Fourier 

order 

Circular 

Fourier order 

Test gearbox pinion,  

Test gearbox gear 

Cylindrical roller 

bearing 

2 8 

Slave gearbox pinion, 

Slave gearbox gear 

Tapered roller bearing 2 8 

Test gearbox pinion,  

Test gearbox gear,  

Slave gearbox pinion, 

Slave gearbox gear 

Gearbox sealing 1 8 

Test gearbox pinion Load clutch, test side 2 8 

Slave gearbox pinion Load clutch, slave 

side 

2 8 

Input shaft Weak connector 2 8 

Torsion rod, test side Weak connector 2 8 

Test gearbox pinion Ball bearing 1 8 

Test gearbox gear Torsion rod, test side 2 8 

Slave gearbox gear Torsion rod, slave side 2 8 

Test gearbox gear shaft 
1 

Test gearbox gear 

shaft 2 

2 8 

Slave gearbox gear 

shaft 1 

Slave gearbox gear 

shaft 2 

2 8 

Test housing pinion,  

Test housing gear 

Test gearbox 2 8 

Slave housing pinion, 

Slave housing gear 

Slave gearbox 2 8 

Test gearbox pinion Test gear, pinion 2 8 

Test gearbox gear Test gear, gear 2 8 

Slave gearbox pinion Slave gear, pinion 2 8 

Slave gearbox gear Slave gear, gear 2 8 

Load clutch, test side Load clutch 

(connector) 

2 8 

Load clutch, slave side Load clutch 

(connector) 

2 8 

Torsion rod, test side Torsion rod 

(connector) 

2 4 

Torsion rod, slave side Torsion rod 

(connector) 

2 4 

 

The complete layout of the shafts with segments and dimensions along with a simple assembly 

drawing are presented in appendix A.  
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3.2.2 Suns 

In the Sun menu, the gear is created. The first step is to specify the axial position of the gear 

relative to the coordinate system of the active rotor. The axial position is defined as the distance 

from the origin of the rotor to the centre of the gear. The next step is to open Base which is a 

submenu of Sun, here the axial and circular Fourier order is specified for the gear. As mentioned 

earlier in order to run the simulation, the gear and the shaft segment that the gear is connected 

to must have the same Fourier order. In the Tooth submenu, the geometry of the gear is 

specified. Input required to generate a gear are, face width, number of teeth, pressure angle, 

profile shift coefficient, tip diameter, root diameter, rim diameter and rack tip radius. Rack tip 

radius is the radius at the root of the tooth. Material properties needed for the gear are Young´s 

modulus, density and Rayleigh damping coefficients,  and . There is also a submenu for tooth 

modification were modifications described in section 2.4 can be added. 

 

In Transmission3D there are several tooth mesh templates available with different number of 

elements and element distribution [30]. For example, there is a special template available if the 

rim of the gear is very thin that uses smaller elements around the rim. As a rule of thumb the 

thickness of the rim should be the same as the tooth height in order to avoid hour glassing. All 

these templates have in common that they use cubic elements. In the model, the medium 

template has been used and the distribution of the elements are showed in figure 3-3. 

 

 
Figure 3-3: Medium mesh template. [30] 

 

3.2.2.1 Gear geometry 

In the model three different types of gears were used. In the test gearbox FZG type-A and FZG 

type-C gears were used. The geometry of type-A and type-C gears are presented in table 3-3 

and 3-4. In the slave gearbox helical gears were used, the geometry of the helical gears is 

presented in table 3-5. 
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Table 3-3: Gear geometry of type-A gears in test gearbox. 

 Pinion Gear 

Centre Distance 91.5 mm 91.5 mm 

Module 4.5 4.5 

Width 20 mm 20 mm 

Number of teeth 16 24 

Tip diameter 88 mm 112.5 mm 

Pitch diameter 72 mm 108 mm 

Inner diameter 30 mm 30 mm 

Base diameter 67.658 mm 101.487 mm 

Root diameter 68.418 mm 92.25 mm 

Pressure angle 20˚ 20˚ 

Root radius 1.71 mm 1.2 mm 

Tip relief N/A N/A 

Crowning N/A 0.003 mm 

Profile shift coefficient 0.8245 -0.5275 

 

 
Table 3-4: Gear geometry of type-C gears in test gearbox. 

 Pinion Gear 

Centre Distance 91.5 mm 91.5 mm 

Module 4.5 4.5 

Width 14 mm 14 mm 

Number of teeth 16 24 

Tip diameter 82.393 mm 118.392 mm 

Pitch diameter 72 mm 108 mm 

Inner diameter 30 mm 30 mm 

Base diameter 67.658 mm 101.487 mm 

Root diameter 60.945 mm 98.859 mm 

Pressure angle 20˚ 20˚ 

Root radius 1 mm 1.2 mm 

Tip relief N/A Linear, start diameter: 113.3 

mm, magnitude: 0.0534 

Crowning N/A 0.039 mm 

Profile shift coefficient 0.1667 0.1565 
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Table 3-5: Gear geometry of helical gears in slave gearbox. 

 Pinion Gear 

Centre Distance 91.5 mm 91.5 mm 

Module 4 4 

Width 40 mm 40 mm 

Number of teeth 16 24 

Tip diameter 82.5 mm  118.4 mm 

Pitch diameter 71.829 mm 107.743 mm 

Inner diameter 40 mm 40 mm 

Base diameter 66.495 mm 99.742 mm 

Root diameter 64.1 mm 98.5mm 

Helix angle 27˚ 27˚ 

Helix direction Right Left 

Pressure angle 20˚ 20˚ 

Root radius 1 mm 1 mm 

Tip relief Parabolic, start diameter: 

77.32 mm, magnitude: 0.04 

mm, radius at start of 

modification: 38.66 mm 

Parabolic, start diameter: 

112.588 mm, magnitude: 

0.04 mm, radius at start of 

modification: 56.29 mm 

Crowning N/A 0.002 mm 

Profile shift coefficient 0.2217 0.2300 

 

3.3 Connectors 

In order to prevent the rotors from moving around in space during the analysis they need to be 

locked in space, meaning that boundary conditions have to be applied. As mentioned in section 

3.2, one way of doing this is by locking all translations and rotations, but in this section focus 

will be on connector which is a more realistic way of applying boundary conditions. There are 

two main types of connectors, stiffness bearings and roller bearings. These two main categories 

will be further described in the sections below. 

 

3.3.1 Stiffness bearings 

When creating a connector there are some important concepts such as race, member type and 

axial position of the race. A race is a circular surface around the shaft segment. It can be 

described as gluing two parts together by applying a race on each part. A race should be 

connected to another part in the model to function, this is called member type. One of the races 

should have the shaft segment as member type, the other race can be connected to ground, 

housing or another shaft segment depending on the desired application. The axial position 

describes the start- and end position of the race. This needs to be specified for each race. 

Another important setting is the diameters of the races. Often one race has an inner diameter 

and the other race has an outer diameter in order to model a bearing. The final general setting 

for all connectors are the x, y and z coordinates for the connector relative to the global 

coordinate system. 

 

When defining a stiffness bearing the input is the stiffness in radial and z-direction as well as 

rotation stiffness, radial and z-direction. Instead of applying a stiffness to the connector it is 

also possible to apply viscous damping in the same directions and rotations as the stiffness. 
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When the connector has a specified stiffness, it is possible to apply a preload on the connector 

as well as unloaded deformation. This is particularly useful when building in static torque in 

the system.  

 

In the model, there are several stiffness bearings. Some of these stiffness bearings have been 

used in the purpose of connecting shafts from different rotors to each other. The idea with these 

stiffness bearings have been to act as splines on the shafts. It is possible to model splines in 

Transmission3D but it requires much more computational time than stiffness bearings and since 

stresses in the splines is not of interest it is more efficient to use stiffness bearings, especially 

for the dynamic simulations. It is also possible to use stiffness bearings to model roller bearings, 

this have been used to model the ball bearing in the support housing. Four stiffness bearings 

have been used, two for each gearbox in order to model the sealing that is attached to the 

gearbox and shafts. By doing this it was possible to add viscous damping into the system. The 

load clutch and the torsion rod load clutch was modelled as a stiffness bearing in order to apply 

the static torque. There are two ways of using the load clutch stiffness bearing, the first way is 

to apply torque around the z-axis. The other way is to apply unloaded deformation to the 

stiffness bearing. The unloaded deformation is applied as a rotation around the z-axis. In order 

to see torque fluctuations during meshing, unloaded deformation must be used otherwise the 

load clutch will try to maintain the prescribed torque which is not how it works in the test rig. 

When applying torque around the z-axis the rotation stiffness around the z-axis must be set to 

a very low value otherwise not all torque will not be applied to the system. For applied rotation, 

it is the other way around, the stiffness around the z-axis must be high otherwise the stiffness 

bearing will just twist without applying any torque to the system. Table 3-6 to 3-12 presents all 

the stiffness bearings used in the model and the input data used for each bearing. The torsion 

rod, load clutch and the load clutch have an unloaded deformation applied to the connector. To 

balance the shafts the magnitude of the unloaded deformation follows the gear ratio between 

the pinion and the gear, which is 2/3. This means that 2/3 of the total unloaded deformation in 

the load clutch should be applied to the torsion rod load clutch but in the opposite direction. 

The sum of the absolute value from the load clutch and the torsion rod load clutch should then 

be equal to the total deformation of the test rig load clutch, see figure 5-1. 
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Table 3-6: Input data for weak connector stiffness bearing. 

 Weak connector 

Outer diameter (mm) 30 

Inner diameter (mm) 23 

Width (mm) 9 

Attached to: Input shaft & Torsion rod 

Radial stiffness (N/mm) 0 

Axial stiffness (N/mm) 0 

Radial rotation stiffness 

(Nm/rad) 

0 

Axial rotation stiffness 

(Nm/rad 

0.5 

Radial damping (N*sec/mm) 100 

Axial damping (N*sec/mm) 100 

Radial rotation damping 

(Nm*sec/rad) 

0 

Axial rotation damping 
(Nm*sec/rad) 

10 

 

 
Table 3-7: Input data for torsion rod stiffness bearings. 

 Torsion rod, test side Torsion rod, slave side 

Outer diameter (mm) 34 34 

Inner diameter (mm) 30 30 

Width (mm) 30 30 

Attached to: Torsion rod & test gear Torsion rod & slave gear 

Radial stiffness (N/mm) 10 000 000 10 000 000 

Axial stiffness (N/mm) 0 0 

Radial rotation stiffness 

(Nm/rad) 

1 000 000 1 000 000 

Axial rotation stiffness 

(Nm/rad 

5 000 000 5 000 000 

Radial damping (N*sec/mm) 50 50 

Axial damping (N*sec/mm) 50 50 

Radial rotation damping 

(Nm*sec/rad) 

10 10 

Axial rotation damping 

(Nm*sec/rad) 

1 1 
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Table 3-8: Input data for ball bearing stiffness bearing. 

 Ball bearing 

Inner diameter (mm) 44 

Outer diameter (mm) 72 

Width (mm) 19 

Attached to: Test pinion & support housing 

Radial stiffness (N/mm) 1 000 000 

Axial stiffness (N/mm) 500 000 

Radial rotation stiffness (Nm/rad) 0 

Axial rotation stiffness (Nm/rad 0 

Radial damping (N*sec/mm) 50 

Axial damping (N*sec/mm) 50 

Radial rotation damping (Nm*sec/rad) 0 

Axial rotation damping (Nm*sec/rad) 0 

 
Table 3-9: Input data for sealing stiffness bearings. 

 Sealing, test 

gearbox 

pinion 

Sealing, test 

gearbox gear 

Sealing, slave 

gearbox 

pinion 

Sealing, slave 

gearbox gear 

Inner diameter 

(mm) 

30 30 30 30 

Outer diameter 

(mm) 

47 47 47 47 

Width (mm) 7 7 7 7 

Attached to: Test pinion & 

ground 

Test gear & 

ground 

Slave pinion & 

ground 

Slave gear & 

ground 

Radial stiffness 

(N/mm) 

0 0 0 0 

Axial stiffness 

(N/mm) 

0 0 0 0 

Radial rotation 

stiffness 

(Nm/rad) 

0 0 0 0 

Radial damping 

(N*sec/mm) 

10 000 10 000 10 000 10 000 

Axial damping 

(N*sec/mm) 

10 000 10 000 10 000 10 000 

Radial rotation 

damping 

(Nm*sec/rad) 

0 0 0 0 

Axial rotation 

damping 

(Nm*sec/rad) 

2 2 2 2 
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Table 3-10: Input data for torsion rod load clutch stiffness bearing. 

 Torsion rod, load clutch 

Outer diameter (mm) 23 

Inner diameter (mm) 12 

Width (mm) 0 mm 

Attached to: Torsion rod, test side & 

Torsion rod, slave side 

Radial stiffness (N/mm) 1 000 000 

Axial stiffness (N/mm) 1 000 000 

Radial rotation stiffness 

(Nm/rad) 

1 000 000 

Axial rotation stiffness 

(Nm/rad) 

5 000 000 

Radial damping (N*sec/mm) 50 

Axial damping (N*sec/mm) 50 

Radial rotation damping 
(Nm*sec/rad) 

10 

Axial rotation damping 

(Nm*sec/rad) 

1 

 

 
Table 3-11: Input data for load clutch stiffness bearing. 

 Load clutch 

Diameter (mm) 130 mm 

Width (mm) 32 mm 

Attached to: Load clutch, test side & 

Load clutch, slave side 

Radial stiffness (N/mm) 10 000 000 

Axial stiffness (N/mm) 0 

Radial rotation stiffness 

(Nm/rad) 

1 000 000 

Axial rotation stiffness 

(Nm/rad) 

5 000 000 

Radial damping (N*sec/mm) 50 

Axial damping (N*sec/mm) 50 

Radial rotation damping 
(Nm*sec/rad) 

10 

Axial rotation damping 

(Nm*sec/rad) 

2 
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Table 3-12: Input data for splines stiffness bearings. 

 Spline, test side Spline, slave side 

Outer diameter (mm) 36 36 

Inner diameter (mm) 30 30 

Width (mm) 30 30 

Attached to: Test gearbox pinion & load 

clutch, test side 

Slave gearbox pinion & 

load clutch test side 

Radial stiffness (N/mm) 1 000 000 1 000 000 

Axial stiffness (N/mm) 0 0 

Radial rotation stiffness 

(Nm/rad) 

1 000 000 1 000 000 

Axial rotation stiffness 

(Nm/rad) 

5 000 000 5 000 000 

Radial damping (N*sec/mm) 50 50 

Axial damping (N*sec/mm) 50 50 

Radial rotation damping 
(Nm*sec/rad) 

10 10 

Axial rotation damping 

(Nm*sec/rad) 

1 1 

 

3.3.2 Cylindrical Roller bearings 

For a connector of type roller bearing the general, connector settings are required for defining 

the races and positioning. When the connector type is roller, instead of stiffness, multiple 

submenus are available. In the Submenu called geometry the shape of the bearing is modelled. 

There are several types of bearings available such as general, tapper, double tapered, spherical 

and ball bearings. In the software, a cylindrical roller bearing is defined as general. The input 

required for cylindrical roller bearing is pitch diameter which is the diameter to the centre of 

the rollers, roller diameter, roller width, number of rollers, radial clearance between the roller 

and the outer ring. It is common that bearing manufactures modifies the rollers by making them 

convex, this is called crowning. In the software, it is possible to have crowning on the rollers, 

this is done by specifying the crowning as the inverse of the crowning radius. The required 

geometrical input for a cylindrical roller bearing is visualized in figure 3-4. 

 

 
Figure 3-4: Nomenclature of a cylindrical roller bearing.[29] 
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In the model, there are four cylindrical roller bearing positioned in the test gearbox. One on 

each side of the spur gears. To get all the required input for the bearings, the software 

RomaxDesigner [31] provided by Romax Technology was used. With this software, it was 

possible to acquire the pitch diameter, crowning profile of the rollers and roller dimensions. 

When using the software, it is possible to search data for a specific bearing using the FAG 

number. The FAG number uses standardized designations that can be used to get bearing 

properties. The software estimates the roller crowning and pitch diameter based on standards 

for bearings in combination with the provided technical data from the bearing manufactures. 

According to the data from the software the crowning profile of the rollers is a logarithmic 

profile but in transmission 3D the only possible input for the crowning is the inverse of the 

crowning radius. To transform the logarithmic profile to a circular profile the mathematical 

relationship described in equation 3.1 was used and illustrated in figure 3-5 [32].  

 

𝑟 =
𝑥2

8ℎ
       (3.1) 

 

This relationship is only valid when h<<x. 

 

 
Figure 3-5: Circle segment [32]. 

 

To get the radius of the crowning as accurate as possible the logarithmic profile provided from 

the software was used to estimate x and h. This was done by setting the x value to 80 % of the 

roller length and then check the profile drop at that x value to get h. The logarithmic crowning 

profile provided by the software is illustrated in figure 3-6. 
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Figure 3-6: Logarithmic crowning profile of cylindrical roller bearing FAG NJ406M1. 

 

The bearing data that was used for the cylindrical roller bearings is presented in table 3-13 and 

in figure 3-7 the positioning of the bearings is showed. 

 

 
Table 3-13: Bearing data for cylindrical roller bearing FAG NJ406M1 

Outer diameter 90 mm 

Inner diameter 30 mm 

Pitch diameter 61.8 mm 

Width 23 mm 

Number of rollers 9 

Diameter of roller 16 mm 

Length of roller 15 mm 

Number of rows 1 

Radial clearance 0.01 mm 

Roller crown curve 0.00154 1/mm 

Density 7800 kg/m3 

Youngs modulus 206 GPa 
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Figure 3-7: Cylindrical roller bearings. 

 

3.3.3 Tapper roller bearings 

The setup procedure for a tapper roller bearing is similar to the cylindrical roller bearing. The 

difference are the parameters in the geometry submenu, instead of general type tapered should 

be selected. The input required are the number of rollers, length of roller, axial clearance, 

distance to thrust centre, cup angle, diameter of the large end on the roller and cup inner 

diameter. The nomenclature of the tapered roller bearing inputs are visualized in figure 3-8. 

 

 
Figure 3-8: Nomenclature of a tapper roller bearing.[29] 

Since tapper roller bearings isn’t symmetric the direction of the bearing is important. To change 

the direction of the bearing the cup angle should be changed from positive to negative as well 

as the position of the inner- and outer races.  

 

In the model, there are four tapered roller bearings connected to the slave gearbox, one on each 

side of the gears. The bearings on the inside of the gears have a negative cup angle and the 

bearings on the outside of the gears have a positive cup angle. The reason for this setup is to be 

able to deal with the axial forces during meshing of the gears. To get all the needed properties 

of the bearings the software provided by Romax Technology [31] was used again in the same 

way as for the cylindrical roller bearings. The crowning profile of the tapered roller bearings 

also had a logarithmic profile so the same procedure as for the cylindrical roller bearings was 

used to convert the crowning profile to a circular profile. The logarithmic crowning profile of 

the tapered roller bearing is illustrated in figure 3-9 and the geometrical data used as input is 

presented in table 3-14.  
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Figure 3-9: Logarithmic crowning profile of tapered roller bearing FAG 31308A. 

 

 
Table 3-14: Bearing data for tapered roller bearing FAG 31308A 

Outer diameter 90 mm 

Inner diameter 40 mm 

Cup inner diameter 67.8 mm 

Width 25.25 mm 

Distance to thrust 

centre 

30 mm 

Number of rollers 16 

Diameter of roller, 

large end 

12.33 mm 

Length of roller 15.9 mm 

Cup angle 28.72 

Axial clearance 0.05 mm 

Roller crown curve 0.0006 1/mm 

Density 7800 kg/m3 

Youngs modulus 206 GPa 

 

In figure 3-10 the positioning of the tapered roller bearings is showed and in order to illustrate 

the bearing construction, the outer ring of the bearing to the left has been removed. 
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Figure 3-10: Tapered roller bearings. 

 

3.4 Housing 

In Transmission3D it is possible to include housing in the model. However, it is not possible to 

model the housing in Transmission3D so the modelling of the house has to be carried out in a 

CAD software and then the housing must be meshed, constrained given material properties in 

another software, such as Hypermesh [33]. In Transmission3D the housing is imported as an 

inp-file and the position of the house and the number of races connected to the house needs to 

be specified.  

 

In the model there are three housings, a test gearbox, a slave gearbox and a support housing, 

see figure 3-11. The CAD models were created using the CAD software Creo Parametric 4.0 

[34] and then converted to step-files in order to use Hypermesh.  

 

 
Figure 3-11: a) Test gearbox, b) Support, c) Slave gearbox. 

For the housing to connect to the rest of the model races are needed. These races connect the 

housing to the bearings. The test gearbox has four races, one for each bearing. The slave 

gearbox has the same number since they are connected in the same way. The support housing 

has only one race that is connected to a stiffness bearing. For the races connected to the housing 

the circular Fourier order was set to eight and the axial Fourier order was set to two for both 

the test gearbox and the slave gearbox. For the race connected to the warp coupler the circular 

Fourier order was set to eight and the axial Fourier order was set to one. The nodes near the 

screw holes are constrained for each housing to make the model to behave as similar to the test 

rig as possible.  
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3.5 Pairs 

For the gears to be able to mesh with each other, pairs need to be created. There are several 

types of pairs that can be used but one of the most common is Sun-Sun. The input required for 

pairs are the name of the sun and which rotor it belongs to for the first gear and the same type 

of input for the mating gear. After this information have been inputted, the gears are able to 

mesh. The number of pairs required depends on how many gears that are meshing. Each 

meshing gear pair requires a new pair. In the model two pairs are used, one pair for the gear 

and pinion in the test gearbox and one pair for the gear and pinion in the slave gearbox. 

 

3.6 Analysis 

To be able to compare and verify the results from the simulations with the experimental the 

displacements of the housings had to be recorded by using data from the finite elements in the 

housings. This was done by placing so called FEprobes on several positions on the gearboxes. 

An FEprobe records the displacement in one direction of a specified finite element. Multiple 

FEprobes were placed on both the test gearbox and the slave gearbox according to figure 3-12, 

3-13 and 3-14. For each probe position the displacement in x, y and z direction was recorded 

resulting in a total of 24 probes. 

 

 
Figure 3-12. Probe positions, view from the front. 

 
Figure 3-13: Probe position, view from the top. 
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Figure 3-14: Probe positions, view from the back. 

 

3.6.1 Static validation of the model 

As a first step of validating the model the static behaviour of the model was investigated. This 

was done by running a static analysis that simulate three teeth engagements. Each tooth 

engagement was divided into 16 time steps resulting in a total of 48 time steps. From the 

simulations, the torque around the z-axis in the load clutch was plotted against time. The results 

were then compared with the experiments. This procedure was repeated for several load stages, 

50 Nm, 100 Nm and 300 Nm. The experimental procedure for static verification of the model 

is described in section 4.2.2. To further verify the model the contact pattern of the type-C pinion 

has been investigated at a load of 300 Nm. The pattern was the compared by ocular inspection 

of a used type-C pinion that had been evaluated in the FZG test rig at a load of 267 Nm. 

 

3.6.2 Dynamic analysis 

The dynamic analysis was divided into several different simulations, both simulations at a 

constant speed and simulations for which the speed is continuously being increasing linearly 

until it reaches a pre-defined input speed. To run a dynamic analysis in Transmission3D it is 

recommended to start with a static analysis with one time step with a speed factor of 1 and after 

that solve the system for one time step using a dynamic solving method (Newmark) with a 

speed factor set to zero. A speed factor set to 1 corresponds to the rotational speed of the input 

rotor. By doing this the transient part of the results will be reduced meaning that fewer time 

steps are needed to reach the steady-state solution. In order for the system to reach a steady-

state solution there are two important parameters, number of time steps and time increment. 

There must be enough time steps for the numerical solver to iterate the process so it can reach 

convergence. At the same time the time increment must be small enough otherwise the 

numerical solver will continue to iterate but never reach convergence no matter how many times 

it iterates. 

  

Both the dynamic simulation with constant speed and the simulation with continuously 

increasing speed uses the same five step solution method. The first step is to solve the static 

system with a speed factor of one using 10 time steps with a time increment that gives one tooth 

engagement for these 10 time steps. The next step is to set the system back to its initial state, 

this is done by using one time step and calculate the static solution again. The third step is to 

solve the system with a dynamically with the speed factor set to zero for one time step with a 

frequency corresponding to 50 time steps for each tooth engagement. The fourth step is to run 

the simulation dynamically at a constant speed for a specified number of time steps, this is done 

in order for the system to reach steady state. The fifth step varies depending on if the simulation 

is for the case with constant velocity or with continuously increasing velocity. The complete 
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setup of the simulations with continuously increasing velocity is presented in table 3-15, for 

these simulations the speed on the input rotor was set to 2800 rpm.  

 
Table 3-15: Simulation setup for continuously increasing speed. 

 Solving 

method 

Speed factor Time steps Time increment (s) 

Step1  Static 1 10 8.9286*10-5 

Step 2 Static 1 1 8.9286*10-5 

Step 3 Newmark 0 1 1.7857*10-5 

Step 4 Newmark 0.35 1000 1.7857*10-5 

Step 5 Newmark 0.35 5000 1.7857*10-5 

   

The simulations with constant speed uses the same first three steps as for the simulations with 

continuously increasing velocity. Step four and five have a slightly different approach but with 

the same purpose, to reach steady state and then use step 5 for the data analyse. The constant 

speed simulation uses a script that runs several simulations sequentially while using the same 

model. In this script, the total number of time steps for step four and five are specified as well 

as the input speed and the number of time steps for one tooth engagement. The script then 

divides the total number of time steps so that step five represents four tooth engagements. This 

means that the number of time steps for step four is the total number of time steps minus four 

tooth engagements. In table 3-16 the procedure for the simulations with constant speed is 

presented. 

 
Table 3-16: Procedure for the simulations with constant speed. 

 Input speed 

(rpm) 

Total number of 

time steps 

Number of time 

steps per tooth 

Run 1 2800 2000 40 

Run 2 2400 2000 52 

Run 3 2000 2000 60 

Run 4 1600 2000 80 

Run 5 1200 2000 96 

Run 6 800 2000 124 

 

 

As a first step in analysing the results from the simulations, the data file with the result from 

the FEprobes was imported into Matlab [35]. In Matlab the displacements from the FEprobes 

was derived so that is expressed as velocities instead of displacement. To exclude the transient 

part before reaching steady-state the first three steps of the analysis was removed from the probe 

vector.  

 

The result from the Feprobes were used to analyse the order spectra for each probe. This was 

done by first calculating the angular position based on the rotation speed, probe values, 

sampling frequency and the number of points per revolution. The next step was to create a 

waterfall plot based on the angular position, sampling frequency and the number of samples per 

block. The angular position is first FFT transformed and then the power spectral density is 

calculated using the complex conjugate to be able to see the energy density at different 

frequencies. In the waterfall plot the x-axis represents the rpm, y-axis represents the order of 

the gear mesh overtones as a multiple of 24, which is the number of teeth on the gear. Finally, 
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the z-axis represents the energy density. From the waterfall plots 2D graphs were generated by 

creating a section for each gear mesh overtone. This resulted in a graph with the energy density 

as a function of rpm. For the simulations with constant speed an FFT analyse was performed to 

investigate the frequency spectra for gear mesh overtones. The gear mesh overtones were then 

compared with the order sections (velocity as function of speed) generated from the 

experiments with continuously increasing speed to see if they had the same trend when it comes 

to the amplitude variations between the overtones. From the order section plot the amplitude of 

the velocity were registered for the different input speeds used for the simulations. 

 

The contact pressure along the tooth height have been investigated in the dynamic simulations 

with constant speed. The purpose of this analyse was to see if the contact pressure increases 

with higher input speed because of the excitation of vibrations generated by the gear mesh 

frequency. It is possible to get the contact pressure that acts on the tooth directly from 

Transmission3D without any need of additional data processing. Transmission3D automatically 

divide the tooth height into 48 sections starting from the tooth root and finishing at the tip of 

the tooth. 
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4 Experimental 

In order to verify the results from the simulations, experiments were carried out using an FZG 

test rig. The FZG test rig is consisted of two gearboxes, a slave gearbox and a test gearbox. The 

gearboxes are connected by two shafts, see figure 4-1. One of the shafts are divided into two 

sections with the load clutch connecting them. By using a lock pin, one half of the load clutch 

is fixed and by using a leaver it is possible to twist the load clutch. After bolting the two parts 

of the load clutch together and removing the lock pin a static torque has been applied to the 

system.  

 

 
Figure 4-1: Schematic overview of the FZG test rig [36]. 

In the slave gearbox, there are two helical gears, one gear and one pinion. The gear connected 

to the electric motor have 24 teeth and the pinion have 16 teeth. The test gearbox consists of 

two spur gears, one gear and one pinion. The pinion is the gear connected to the shaft with the 

load clutch. The number of teeth are the same as for the helical gears in the slave gearbox. Both 

gearboxes are filled with lubricating oil. The temperature of the oil is controlled by a heating 

coil and a cooling coil. If needed there is a nozzle that can spray additional lubricants on the 

gears in both gearboxes. It is possible to run the test rig both clockwise and counter clockwise 

and the speed range is 0 – 3000 rpm.  

 

4.1 Equipment 

The equipment used for the experiments are listed below. 

 

• FZG test rig manufactured by Strama-MPS 

• Tachometer. 

• Accelerometers capable of measuring in x, y and z direction simultaneously. 

• One set of type-C gears. 

• One set of type-A gears. 

• Transmission oil (75W-90)  

• Software: LMS Testlab [37], used for data recording, accelerometers and tachometer. 

• Software: Dewesoft X3 [38], used for recording torque fluctuations. 
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4.2 Test procedure 

In order to make sure that the wear rate is as low as possible and therefore neglectable during 

these short tests, the test gearbox was filled with new lubricating oil. The temperature of the oil 

in the test gearbox was heated to 80 °C and then maintained at that temperature during the tests. 

This was done in order to provide hydrodynamic lubrication and to run the test in similar 

lubrication conditions as in automotive transmissions. Both the type-A and type-C gears were 

unused and before being assembled into the gearbox they were carefully cleaned. Before doing 

the actual measurements, the gears were prepared by using a run-in program was conducted 

according to standard pitting test.  

 

In order to avoid misalignments and damaging the gears or the bearing inner rings when 

changing gears, the gears and the bearing inner rings were preheated before being assembled. 

The preheating was performed using an electric hotplate specially designed for preheating 

bearings. By preheating the gears and the inner ring of the bearing the material will expand 

which makes it easier to fit the gears and inner ring on to the shafts.  

 

4.2.1 Relationship between torque and torsion 

To able to see how the torque fluctuates during gear meshing in the simulations the load clutch 

needed to have unloaded deformation specified rather than a prescribed load. In order to 

determine how much the shaft rotates around its axis when the torque is applied some 

measurements needed to be done when applying torque on the load clutch. This was done by 

applying load from 0 to 500 Nm with an increment of 50 Nm for each load stage and then 

measure the pitch of the screw on the load clutch tool as well as the other sides of the triangle 

according to figure 4-2. The angle could then be calculated for each load stage and the increase 

in angle between each load step was then plotted against the applied torque. By using linear 

regression, the relationship between applied torque and rotational deformation was determined 

and this linear relation was then used as input for the simulations as the deformation in the load 

clutch connector. 

 

 
Figure 4-2: Load clutch tool. 
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4.2.2 Static verification of the model 

To investigate the torque fluctuations in the load clutch during meshing, the speed in test rig 

was set at 5 rpm and then the torque was recorded with a frequency of 100 Hz. The torque 

fluctuations were investigated for 50, 100 and 300 Nm torque applied on the load clutch. This 

test procedure was repeated for both type-A and type-C gear. The recorded data was then 

converted into a Matlab file and then by using Matlab [35], torque was plotted against time in 

order to see the fluctuations. 

 

4.2.3 Dynamic analysis 

When doing the tests several test cycles were used in order to be able to verify the simulation 

results with the corresponding experimental results. The test cycles cover both constant 

velocities and ramped velocity at several load stages. The total number of test cycles was set to 

four, these four test cycles are presented in table 4-1. The dynamic tests were only performed 

with type-C gears, the type-A gears were only used for the static verification. 

 
Table 4-1: Description of the test cycles 

 Oil temperature 

test gearbox 

(°C) 

Input speed 

(rpm) 

Time (s) Ramp time (s) 

Test cycle 1 80 0 - 2800 240 240 

Test cycle 2 80 500 120 0 

Test cycle 3 80 1000 120 0 

Test cycle 4 80 2000 120 0 

  

 

In test cycle 1 the input speed is linear ramped from 0 to 2800 rpm for 240 seconds. With this 

test cycle, it was possible to scan the entire frequency range in the test rig for resonance in the 

system. With test cycle 2- 4 the vibrations in the system was investigated at a constant velocity. 

When using the type-C gears the test cycles were repeated with applied load of 50 Nm, 100 Nm 

and 300 Nm.  

 

To measure the vibrations accelerometers were attached on the gearboxes. In total, four 

positions on each gearbox were measured. Two accelerometers were attached on top of the 

gearboxes, just above the bearings. The other two accelerometers were attached on the front 

and back of the gearbox. The accelerometers used were attached either by magnets or glued in 

place depending on the type of accelerometer. In order to measure the rotational speed of the 

shafts, a tachometer was used. The tachometer was positioned so that it measured the rotational 

speed of the load clutch, see figure 4-3. Before starting the measuring, the tachometer was 

calibrated. The accelerometers were pre-calibrated so no additional calibration was needed. 

Additional photos of the experimental setup and the used equipment is presented in  

appendix B. 
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Figure 4-3: Tachometer position. 

 

4.3 Analysis of measurements 

From the measurements at constant speed an average frequency spectra were created using 

Matlab [35] in the same way as for the analyse of the simulation data. By doing this it was 

possible to identify critical frequencies that caused large amplitudes. For the measurements 

with ramped speed, a waterfall plot representing the gear mesh overtones were created in the 

same way as for analyse of the simulation results. Complementary analyse of the measurements 

were carried out by investigating the overall amplitude of the velocities as a function of rotation 

speed as well as creating plots with order sections as a function of rotation speed for the first 

eight overtones.  

 

By using the measurement result it was possible to estimate the damping in the system. The 

estimated damping was then used as input for the simulations in order to improve the correlation 

between the simulation result and the measurements. The method used for estimation of the 

damping is called half power bandwidth method. In this method the amplification factor, Q is 

calculated using equation 4.1 and 4.2 are used in order to determine the damping coefficient 

[39]. 

 

𝑄 =
𝑓𝑛

∆𝑓
       (4.1) 

 

𝑄 =
1

2ξ
       (4.2) 

 

In equation 4.1 fn is the natural frequency and f is the frequency width for a decrease of 3 dB 

on the transfer magnitude curve, see figure 4-4.  

 



 41 

 
Figure 4-4: Transfer magnitude curve. 

 

This transfer magnitude curve was obtained by plotting the first order section from the 

accelerometers as a function of frequency rather than rotational speed. The data used for the 

transfer magnitude curve was from the measurements with a load of 300 Nm.  
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5 Results 

The relationship between torque and torsion that was determined by linear regression is 

presented in figure 5-1 as well as the corresponding equation that describes the curve. The 

correlation between the measurements and simulation for the torque- torsion relationship is 

illustrated in figure 5-2. 

 

 
Figure 5-1: Relationship between torque and torsion. 

 

The damping ratio was calculated to 0.05 using the half power bandwidth method, equation 4.1 

and equation 4.2. The resonance peak used for the calculations was from the first gear mesh 

overtone registered by accelerometer 2 and occurred at a frequency of 820 Hz which gave an 

amplitude of 1.65 mm/s and a frequency width (f) of 83 Hz. By using the damping ratio and 

the frequency for the resonance peak the Rayleigh damping coefficients were calculated, giving 

=201 1/sec and =1.128*10-5 1/sec. 
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Figure 5-2: Relationship between torque and torsion, comparison between measurements and simulations. 

 

5.1 Static validation  

The static torque fluctuations in the load clutch using type-C gears have been investigated. The 

results from the simulations are compared with the torque fluctuations from the FZG test rig in 

figure 5-3 – 5-5. The results are plotted in the same figure but with separated y-axis for an easy 

comparison. The same procedure has been done for type-A gear and these results are presented 

in figure 5-6-5-8. 

 
Figure 5-3: Torque fluctuations at 50 Nm, type-C gears. 
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Figure 5-4: Torque fluctuations at 100 Nm, type-C gears. 

 

 
Figure 5-5: Torque fluctuations at 300 Nm, type-C gears. 
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Figure 5-6: Torque fluctuations 50 Nm, type-A gears. 

 

 
Figure 5-7: Torque fluctuations 100 Nm, type-A gears. 
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Figure 5-8: Torque fluctuations 300 Nm, type-A gears. 

 

To further validate the model the contact pattern has been investigated. Figure 5-9 illustrates 

the contact pressure as the red and orange section on the tooth flank from the simulations and 

figure 5-10 shows the contact pattern from a used type-C gear. 

 

 
Figure 5-9: Contact pattern, simulations. 
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Figure 5-10: Contact pattern, used type-C gear. 

 

5.2 Dynamic validation 

Due to errors from the FEprobes, the analysis of the simulation results was performed on the 

recorded displacements of the inner bearings on both the test gearbox and the slave gearbox. 

The analyse itself is performed as described in section 3.6.2 but not with the FEprobes as input. 

The velocity of the bearing is plotted against frequency for the first four gear mesh overtones. 

From the measurements, the frequency range corresponds to a ramped input speed from 0-2800 

rpm and the simulation frequency range corresponds to a ramped input speed from 1250-2800 

rpm. The replacement of the FEprobes with bearing displacements has been done according to 

table 5-1. 
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Table 5-1: Replacement of FEprobes. 

Before Now 

FEprobe, position 2 Inside cylindrical roller bearing, test gearbox 

pinion 

FEprobe, position 3 Inside cylindrical roller bearing, test gearbox 

gear 

FEprobe, position 6 Inside tapered roller bearing, slave gearbox 

pinion 

FEprobe, position 7 Inside tapered roller bearing, slave gearbox 

gear 

 

Figure 5-11 to 5-18 compares the gear mesh overtones from the simulations and the 

measurements for accelerometer position 2, 3, 6 and 7 with a load of 100 Nm. 

 

 
Figure 5-11: Overtones in the inside bearing on test gearbox pinion. 
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Figure 5-12: Overtones from accelerometer 2. 

 

 
Figure 5-13: Overtones in inside bearing on test gearbox gear. 
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Figure 5-14: Overtones from accelerometer 3. 

 

 
Figure 5-15: Overtones in inside bearing on slave gearbox pinion. 
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Figure 5-16: Overtones from accelerometer 6. 

 

 
Figure 5-17: Overtones in inside bearing on slave gearbox gear. 
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Figure 5-18: Overtones from accelerometer 7. 

 

The comparison between the amplitudes from the frequency spectrums for the simulations with 

constant speed and the order sections from the experiments are compared in table 5-2-5-4. In 

the tables S1-S4 are gear mesh overtone 1-4 from the simulations and M1-M4 are the overtones 

from the experimental measurements. Additional graphs are presented in appendix C. 

 
Table 5-2: Magnitude of overtones, test gearbox pinion inner bearing (simulations) and accelerometer 2 (experiments). 

 S1 

(N) 

M1 

(mm/s) 

S2 (N) M2 

(mm/s) 

S3 (N) M3 

(mm/s) 

S4 (N) M4 

(mm/s) 

800 

rpm 

9.5 0.10 3.5 0.05 0.5 0.30 1.0 0.10 

1200 
rpm 

5.0 0.20 1.5 0.20 2.0 0.60 1.0 0.05 

1600 

rpm 

4.5 0.20 9.0 0.30 1.5 0.50 1.0 0.10 

2000 

rpm 

4.0 0.35 5.0 2.70 1.5 0.80 1.5 0.60 

2400 

rpm 

2.5 0.70 3.0 1.90 4.5 1.30 2.0 0.70 

2800 

rpm 

7.5 1.40 3.0 0.50 11.0 1.70 3.5 0.20 
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Table 5-3: Magnitude of overtones, test gearbox gear inner bearing (simulations) and accelerometer 3 (experiments). 

 S1 (N) M1 

(mm/s) 

S2 (N) M2 

(mm/s) 

S3 (N) M3 

(mm/s) 

S4 (N) M4 

(mm/s) 

800 

rpm 

16.0 0.10 4.0 0.05 5.0 0.25 8.0 0.05 

1200 

rpm 

10.0 0.20 3.0 0.10 3.0 0.40 1.0 0.10 

1600 
rpm 

6.5 0.50 10.0 0.20 2.0 0.15 1.0 0.05 

2000 

rpm 

5.0 0.30 5.0 0.80 2.0 0.30 2.5 0.20 

2400 

rpm 

2.0 0.60 3.0 1.90 5.0 0.15 3.0 0.30 

2800 

rpm 

9.0 1.30 4.0 0.55 14.0 1.20 4.0 0.40 

 
 

Table 5-4: Magnitude of overtones, slave gearbox gear inner bearing (simulations) and accelerometer 7 (experiments). 

 S1 (N) M1 

(mm/s) 

S2 (N) M2 

(mm/s) 

S3 (N) M3 

(mm/s) 

S4 (N) M4 

(mm/s) 

800 

rpm 

18.0 0.10 4.0 0.00 8.0 0.05 11.0 0.00 

1200 

rpm 

8.0 0.10 4.0 0.00 10.0 0.05 2.0 0.00 

1600 
rpm 

13.0 0.05 8.0 0.05 5.0 0.10 10.0 0.00 

2000 

rpm 

4.0 0.15 2.0 0.7 7.0 0.05 7.0 0.30 

2400 

rpm 

4.0 0.15 3.0 0.25 6.0 0.15 2 0.15 

2800 

rpm 

8.0 0.40 4.0 0.10 3.5 0.30 5 0.05 

 

From the dynamic simulations at constant velocity the contact pressure along the tooth height 

have been investigated, both for the gear pair in the test gearbox and the gear pair in the slave 

gearbox. Figure 5-19 presents the variations in contact pressure for the gears in the test gearbox 

and figure 5-20 presents the variations in the slave gearbox. 
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Figure 5-19: Contact pressure along the tooth height, test side. 

 

 
Figure 5-20: Contact pressure along the tooth height, slave side. 
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6 Discussion 

In this section, aspects related to the simulations, experiments and validation of the model will 

be discussed and finally there is a section about future work and how the model can be further 

improved to get a better correlation between the measurements from the test rig and the 

simulation results. 

 

6.1 Simulations 

When doing the simulations, it turned out to be quite complicated process when high load was 

applied to the load clutch. One of the reasons is the rotational deformation, this causes problem 

because of the rotation of the rotor coordinate system relative to the global coordinate system. 

Another problem that occurred for high loads was the gear contact pressure for the helical gear 

pair in the slave gearbox. During meshing the contact only took place at one node once for 

every tooth engagement. This causes large torque fluctuations which not correlates with the 

measurements from the test rig. Multiple countermeasures have been tried in order to improve 

the stability of the model such as changing location of the rotor coordinate system relative to 

the global coordinate system in order to reduce the distance between the global origin to the 

rotor origin. This only reduced contact pressure peaks a little. The most effective way to 

improve the contact pressure was to turn off the edge contact for the analysis. By doing this the 

pressure peaks were reduced significantly which also reduced the torque fluctuations so that it 

corresponded better with the test rig measurements. A method to improve the stability proposed 

by software specialist at Advanced Numerical solutions LLC (developer of Transmission3D) 

was to split the load applied to the load clutch so that some of the torque is applied to the torsion 

rod in order to stabilize the shafts. This method reduced the torque peaks during meshing and 

gave a smoother and more periodically torque fluctuation curve.  

 

There were also some issues with constraining the model. In the beginning, there were some 

problems with rotors moving around in space without being constrained. By splitting the shaft 

connecting the test gear and slave gear into several rotors in order to reduce the distance to the 

rotor origin. This action increased the stability of the rotor constrains that otherwise caused the 

rotors to freely move around in space. When the housing was introduced in the model problems 

with constraining the model came back. This was caused by insufficient number of finite 

elements in the housing for the races that were supposed to connect to the outer race on the 

bearings to the housing. To increase the stability of the model, rotors of type connected to 

housing were created and attached to the races on the housings. These rotors were then 

connected to the outer race of the bearings. By doing this the rotors remained constrained during 

the simulations.  

 

For some reason that is not yet known it is not possible to do an order spectrum analysis of the 

FEprobes. When looking at the frequency spectra of the FEprobes there are no resonances in 

the same frequency range as for the accelerometers. The velocity just keeps increasing without 

any peaks even at frequencies above 10 kHz. Due to the size of the finite elements it should not 

be possible to find any Eigen frequencies in that high frequency range. It is possible that there 

is something wrong with the way the damping is applied to the housing in the inp-file, but this 

is not yet investigated. Since the FEprobes couldn’t be used for the data analysis the 

displacement of the inner bearings was used instead. By using the data from the bearings instead 

of the probes on the housing some precision in the results were lost since the transmission of 

vibrations to the housing is affected by damping in the gearboxes. It has been suggested by the 

same software specialist at Advanced Numerical Solutions LLC to use almost no damping at 
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all for the housing, just a very small amount in order to reach numerical stability. By doing this 

it should be possible to identify the gear mesh overtones using the FEprobes and not only the 

resonances. This method has not yet been investigated so at the moment it cannot be established 

if it is successful. 

 

The sampling frequency and the number of time steps in the model is based on an iterative 

process were the transient response have been evaluated and in order to see how many time 

step it requires for the model to reach steady state. To determine the sampling frequency needed 

to reach steady state, the periodicity of the torque fluctuations as well as amplitude have been 

investigated in order to find the appropriate sampling frequency. It turned out that for the 

dynamic simulations the sampling frequency had to be significantly higher than the sampling 

frequency for the static simulations. For the static simulation, a mesh frequency of 16 time 

steps/tooth engagement was used but for the dynamic simulation it was at least required 40 time 

steps/toot engagement in order to reach steady state.   

 

The analyse of the contact pressure at different input speed showed almost no difference for the 

test gear pair but for the slave gear pair it was possible to see an increase of the contact pressure 

with higher input speed. Since there are no measurements of the contact pressure from the test 

rig it is difficult to determine the validity of the simulations. However, what can be said is that 

with increased input speed the amplitude of the vibrations increases and therefore it is possible 

that contact pressure would increase as well due to the excitation of vibration. The increase of 

the contact pressure is concentrated to the tip of the tooth, near the root there is almost no 

differences in the pressure. 

 

6.2 Experimental 

For the experiment, the accelerometers were all calibrated before they were attached to the 

gearbox. The Tachometer were also calibrated before starting the measurements. By doing this 

the influence of systematic errors were reduced. There are several ways to further improve the 

reliability of the measurements. It would be recommended to repeat the measurements several 

times for each load stage and test run and then calculate a mean value. Another way to improve 

the experimental result would be to use several gear pairs for the test gearbox in order minimize 

the influence of random errors. By repeating the measurements and use several gear pairs it is 

possible to minimize the effect of random errors and therefore reduce the measurement 

uncertainty. When looking at the recorded data from accelerometer 7 it is clear that there is 

something with low frequency that interference and generate amplitude peaks. The source of 

the disturbance is not known one possible explanation would be that the accelerometer is not 

attached properly with the glue. If one ignores the amplitude peaks at low frequency the 

accelerometer seems to operate as it is supposed to for the rest of the frequency spectra. To get 

a better understanding of the damping in the system it would be interesting to perform an impact 

hammer modal testing but this have been outside the scoop of this master thesis. 

 

6.3 Validation 

From the static validation of the type-A gears there is still some issues with the numerical 

solution. There is a peak in torque that is not supposed to exist and the problem has been 

identified as tip contact. Even though edge contact is turned off it seems like the software runs 

in to problem when the contact approaches the tooth tip. In reality, there will never be these 

contact pressure peaks at the tip during meshing because there will be no sharp edge as in the 

model. The reason for this is how gears are manufactured and if the edge is to sharp plastic 
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deformation will occur resulting in a small radius at the tip. In the software, the tooth will not 

plasticise and these pressure peaks will occur for each tooth engagement. The effect of the 

contact pressure peak from the simulation is illustrated in figure 6-1.  

 

 
Figure 6-1: Effect of edge contact. 

 

In reality, the torque fluctuation should follow the black dashed line in figure 6-1 rather than 

generate these peaks. From the visual inspection of the contact pattern from the simulations and 

the used type-C gear, see figure 5-9 and 5-10 it looks very similar which gives an indication 

that the gear contact in the model behaves the same as it is in the test rig. It might be possible 

to further improve the correlation between the simulation and the test rig by using smaller 

elements on the tooth face but the downside is that the time to run the analysis would increase. 

 

Another interesting aspect that influenced the torque fluctuations is the rotational stiffness 

around the shaft in the stiffness bearing that connects the input shaft and the torsion rod. With 

a low stiffness, the model gives torque fluctuations that corresponds well with the measurement 

s at low torque, 50 Nm and 100 Nm but when the torque is increased further the fluctuations is 

lower than the measurements. When the stiffness is increased the fluctuations at high torque, 

200 Nm and 300 Nm correlates better with the measurements but the fluctuation at low torque 

gets too high. 

 

From the dynamic simulations and experiments with continuously increasing input speed, 

figure 5-11- 5-18 it is clear that both the simulations and experiments indicates that the 

velocities are lower in the slave gearbox than it is in the test gearbox. This type of result could 

one expect since the slave gearbox uses helical gears which have a more gradually meshing 

than spur gears, which agrees with the theoretical description of helical gears [7] that the helix 

angle will reduce the vibrations compared to spur gears. The average velocity for the gear mesh 

overtones are approximately twice as high in the test gearbox as it is in the slave gearbox, both 

in the simulations and the experiments. When looking at the simulation result, the first overtone 

is not as distinct as the other three overtones when it comes to amplitude changes and it is 

difficult to identify any resonances. If one look at the second overtone, the amplitude changes 

is much more distinct and it is easier to identify the resonance frequency. In general, it is easier 

to identify the resonance frequencies in the test gearbox than it is in the slave gearbox, the 

reason for that is the tooth meshing. Since the helical gears have a much more gradually tooth 

engagement it gets more difficult to identify the resonance frequency. The experimental result 

shows more distinct resonances with larger amplitude changes than the simulation results. 

These resonance amplitude peaks are one of the reasons why the simulations and the 

experiments doesn’t correlate completely. 
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The purpose of the analyse of the dynamic simulations with constant velocity was to see if it 

was possible to identify a trend for the amplitude changes of the gear mesh overtones and to 

see if the trends were the same for both the simulations and the experiments. The analyse of the 

simulation result were done on the force acting on the inner bearings. The reason for this was 

the same as for the other dynamic simulations, it was not possible to use the displacements 

recorded from the FEprobes. The reason why force was used rather than bearing velocity was 

that taking the derivative of the displacements might have caused amplitude peaks and made it 

more difficult to identify the overtones. With that said is it not possible to compare the 

amplitude values from the experiments and the simulations directly but it is possible to identify 

trends and draw conclusions from that. By analysing the amplitudes in table 5-2-5-4 it is clear 

that there is difficult to see a trend for the gear meh overtones in the slave gearbox and that is 

yet again related to the more gradual tooth engagement. However, what can be said about the 

slave gearbox, both from the simulation and experiments with constant speed and continuously 

increasing speed is that the amplitude is lower than what it is in the test gearbox. When looking 

at the results from the test gearbox it is possible to identify trends. At 2800 rpm the experiments 

and the simulations show the same trend in amplitude changes between the overtones and the 

trend looks relatively good at 2400 rpm as well. At a speed of 800 rpm the first overtone from 

the simulation shows a large amplitude peak which is not the case when looking at the data 

from the experiments. The reason for these amplitude peaks might be rigid body motion in the 

model that happens at low frequency and might interfere with the frequency for the first 

overtone. If it had been possible to use the data from the FEprobes it would have get better 

correlation between the simulations and the measurements and it would have been easier to see 

trends and make conclusion. 

 

As mentioned by [20] there are several aspects that influence the transmission error. In the 

simulation, the effect of misalignments and manufacturing errors are neglected but in reality, 

they are always present to some extent. This is one of the reasons why the measured velocities 

from the gearboxes does not correlates completely with the simulation results. 

 

6.4 Future work 

There are several aspects that could be improved in order to get a model that is more accurate. 

The first thing that needs to be improved is the issue with the FEprobes. By using FEprobes to 

record the displacements of the gearboxes instead of using the bearing displacement the 

simulation would give a more representative result that aligns better with the experimental 

measurements. It would be recommended to generate new inp-files for the housings and look 

over how the damping is applied. There are still some problems with stability when the torque 

applied to the load clutch exceeds 100 Nm. When plotting the torque fluctuations for higher 

loads the curve gets spikier compared to the lower loads which indicates that the systems 

struggles with stability. It is recommended to look into how the torque can be applied in order 

to improve the stability. When the stability of the model is increased it would be interesting to 

run dynamic simulations with higher loads in order to see how the magnitude of the velocities 

increases with higher load, both for the continuously increasing speed and constant speed.  

 

To get a better understanding of the damping in the system it would be recommended to do a 

natural frequency analysis of the major parts of the model such as gears, shafts and housings. 

The result from the natural frequencies analysis could be used to tune the Rayleigh damping 

coefficients  and .  
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Another aspect that would be interesting to investigate is to see if the result from the dynamic 

simulations with continuously increasing speed would be affected if the total number of time 

steps was increased, for example if twice as many time steps were used in step five of the 

analyse setup. The downside with using twice as many time steps would be that the simulation 

time increases with several days and the file size would become very large but it would be 

interesting to see if it affects the results.  
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7 Conclusion 

A model of the FZG gear test rig have been developed using the software Transmission3D. 

Static torque fluctuations during meshing have been investigated using both type-A and  

type-C gears. Additional static validation has been performed by a visual inspection of the 

contact pattern of the type-C gears both from the simulations and by inspecting a used gear. 

From the static verification, it can be concluded that the model has the same periodical 

behaviour for the torque fluctuation as in the test rig and that there is a better correlation 

between the torque fluctuations for the type-C gears than it is for the type-A gears. The reason 

for this is assumed to be related to the gear geometry of the type-A gears and the fact that the 

teeth on the pinion is quite pointy causes some numerical instabilities due to tip contact. From 

the visual inspection of the contact pattern, it can be concluded that there is a good correlation 

between the simulation and the test rig; the contact patterns have the same shape which indicates 

that the tooth meshing in the model behaves similar to the test rig. For the dynamic simulations, 

the gear mesh overtones have been investigated booth at constant speed and continuously 

increasing speed. Due to errors in the simulations, the displacements recorded from the 

FEprobes could not be used and instead, the data from the bearings was used. From the 

simulations with continuously increasing speed it was possible to identify the four first gear 

mesh overtones and it is possible to see some similarities between the simulations and the 

experimental results. For the simulations at constant speed the amplitude trend of the toot mesh 

have been compared with the order sections generated with the data from the measurements. 

At high speed, the amplitude trend from the simulations and the experiments correlates well but 

at lower speed, there is an amplitude peak for the first overtone in the simulations that does not 

occur in the test rig. Due to the gradual tooth engagement in the slave gearbox, there is almost 

no correlation between the amplitude trend of the overtones in the slave gearbox. The general 

conclusion from this work is that the model is statically validated with good results but the 

model needs some further tuning in order to fully validate the dynamic behaviour. 
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9 Appendix 

 

Appendix A, Shafts 

This appendix presents a detailed description of each shaft in the model. Table 9-1- 9-11 

presents the dimensions of all the segments for each shaft in the model and as complement to 

these tables a simple drawing of each shaft is presented in figure 9-1- 9-13. To get a better 

picture of how the shafts are positioned in the model, a simple assembly drawing is presented 

in figure 9-14.  
 

Table 9-1: Shaft construction, test gearbox pinion 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 25 1 14 

Segment 2 46 1 4 

Segment 3 30 1 23 

Segment 4 60 1 13 

Segment 5 60 1 8 

Segment 6 48.1 1 14 

Segment 7 60 1 8 

Segment 8 60 1 13 

Segment 9 30 1 23 

Segment 10 38 1 5 

Segment 11 30 1 2.5 

Segment 12 30 1 7 

Segment 13 30 1 10.5 

Segment 14 30 →22.5 1 9.6 

Segment 15 22.5 1 172.7 

Segment 16 22.5→ 30 1 9.6 

Segment 17 30 1 4 

Segment 18 30 1 19 

Segment 19 30 1 30 
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Figure 9-1: Simple drawing of test gearbox pinion shaft. 
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Table 9-2: Shaft construction, slave gearbox pinion 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 30 1 30 

Segment 2 30 1 10.9 

Segment 3 30→ 25 1 9.7 

Segment 4 25 1 151.6 

Segment 5 25→ 30 1 9.7 

Segment 6 30 1 10.5 

Segment 7 30 1 7 

Segment 8 30 1 2.5 

Segment 9 50 1 5 

Segment 10 40 1 25.25 

Segment 11 56 1 4.5 

Segment 12 40 1 40 

Segment 13 56 1 4.5 

Segment 14 40 1 25.25 

Segment 15 25 1 20.5 
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Figure 9-2: Simple drawing of slave gearbox pinion shaft. 
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Table 9-3: Shaft construction, test gearbox gear 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Shaft 1, segment 1 25 1 14 

Shaft 1, segment 2 16 1 4 

Shaft 1, segment 3 30 1 23 

Shaft 1, segment 4 60 1 13 

Shaft 1, segment 5 60 1 8 

Shaft 1, segment 6 79.6 1 14 

Shaft 1, segment 7 60 1 8 

Shaft 1, segment 8 60 1 13 

Shaft 1, segment 9 30 1 23 

Shaft 1, segment 10 38 1 5 

Shaft 1, segment 11 30 1 2.5 

Shaft 1, segment 12 30 1 7 

Shaft 1, segment 13 30 1 7.5 

Shaft 1, segment 14 30 1 39 

Shaft 2, segment 1 47 30 31 

Shaft 2, segment 2 88 30 12 

Shaft 2, segment 3 88 34 12 

Shaft 2, segment 4 47 34 31 

 

 
Figure 9-3: Simple drawing of test gearbox gear, shaft 1. 
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Figure 9-4: Simple drawing of test gearbox gear, shaft 2. 

 
Table 9-4: Shaft construction, input shaft 

 Outer diameter 

8mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 40 30 9 

 

 
Figure 9-5: Simple drawing of input shaft. 
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Table 9-5: Shaft construction, slave gearbox gear 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Shaft 1, segment 1 60 34 39 

Shaft 1, segment 2 88 34 12 

Shaft 1, segment 3 88 30 12 

Shaft 1, segment 4 54 30 31 

Shaft 2, segment 1 30 1 40.1 

Shaft 2, segment 2 30 1 6.4 

Shaft 2, segment 3 30 1 7 

Shaft 2, segment 4 30 1 2.5 

Shaft 2, segment 5 50 1 5 

Shaft 2, segment 6 40 1 25.25 

Shaft 2, segment 7 56 1 4.5 

Shaft 2, segment 8 79.6 1 40 

Shaft 2, segment 9 56 1 4.5 

Shaft 2, segment 10 40 1 25.25 

Shaft 2, segment 11 30 1 20.5 

Shaft 2, segment 12 30 1 15 

 

 
Figure 9-6: Simple drawing of slave gearbox gear, shaft 1. 
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Figure 9-7: Simple drawing of slave gearbox gear, shaft 2. 

 
Table 9-6: Shaft construction, torsion rod test side 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 30 1 31 

Segment 2 30→ 23 1 12.6 

Segment 3 23 1 135 

Segment 4 23 1 2.5 

Segment 5 23 12 2 
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Figure 9-8: Simple drawing of torsion rod, test side. 

 
Table 9-7: Shaft construction, torsion rod slave side 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 23 12 4.5 

Segment 2 23 1 135 

Segment 3 23→ 30 1 12.6 

Segment 4 30 1 39 
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Figure 9-9: Simple drawing of torsion rod, slave side. 

 
Table 9-8: Shaft construction, test housing pinion & gear 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Shaft 1, segment 1 90 88 27 

Shaft 2, segment 1 90 88 27 

 



 74 

 
Figure 9-10: Simple drawing of test housing pinion & gear. 

 
Table 9-9: Shaft construction, slave housing pinion & gear 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Shaft 1, segment 1 90 88 25 

Shaft 2, segment 1 90 88 25 
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Figure 9-11: Simple drawing of slave housing pinion & gear. 

 
Table 9-10: Shaft construction, load clutch test side 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 44 30 19 

Segment 2 60 36 24 

Segment 3 130 36 16 
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Figure 9-12: Simple drawing of load clutch, test side. 

 
Table 9-11: Shaft construction. load clutch slave side 

 Outer diameter 

(mm) 

Inner diameter 

(mm) 

Length (mm) 

Segment 1 130 36 16 

Segment 2 60 36 24 
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Figure 9-13: Simple drawing of load clutch, slave side. 

 
Figure 9-14: Simple assembly drawing of the model. 
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Appendix B, Experimental setup 

In this section, the experimental setup will be visualized in order for the reader to get a better 

understanding of how the experiments were carried out and the used equipment.  

 

The FZG test rig consists of three main units, the test rig itself (see figure 9-15) the control 

unit were the test rig is operated from (see figure 9-16) and a cooling unit that provides 

cooling for the oil in the gearboxes. 

 

 
Figure 9-15: Overview of the test rig. 
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Figure 9-16: Test rig control unit. 

To change gears in the test gearbox the gearbox must be opened and the bearings and gears 

have to be removed, the inside of the test gearbox is illustrated in figure 9-16. 

 

 
Figure 9-17: Inside of the test gearbox. 

 

The type-A and type-C gears are presented in figure 9-18- 9-21 and the two types of bearings 

used in the test gearbox and slave gearbox are visualized in figure 9-22- 9-24. 
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Figure 9-18: Type-A gear pair. 

 

 
Figure 9-19: Isometric view of type-A pinion. 
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Figure 9-20: Type-C gear pair. 

 

 
Figure 9-21: Isometric view of type-C pinion. 
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Figure 9-22: Cylindrical roller bearing, FAG NJ406M1. 

 

 
Figure 9-23: Tapered roller bearing, FAG31308A. 
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Figure 9-24: Tapered roller bearing without outer ring. 

In figure 9-25-9-26 the accelerometer positions on the test gearbox and the slave gearbox are 

shown. In the figures only two accelerometers are visible on each gearbox but there are two 

additional accelerometers on each gearbox positioned mirrored to the oil catch can. In table 

9.12 the accelerometer coordinate system is converted into the same coordinate system used in 

the model for the simulations. 

 

 
Figure 9-25: Accelerometer positions on test gearbox. 
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Figure 9-26: Accelerometer positions on slave gearbox. 
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Table 9-12: Coordinate transformation of accelerometers. 

 Coordinate transformation to global coordinates used in the model 

Accelerometer 1 X→ Z’ 

Y→ -X’ 

Z→ -Y’ 

Accelerometer 2 X→ -Y’ 

Y→ Z’ 

Z→ -X’ 

Accelerometer 3 X→ Y’ 

Y→ -Z’ 

Z→ -X’ 

Accelerometer 4 X→ -Z’ 

Y→ -X’ 

Z→ Y’ 

Accelerometer 5 X→ -Z’ 

Y→ -X’ 

Z→ -Y’ 

Accelerometer 6 X→ Y’ 

Y→ -Z’ 

Z→ -X’ 

Accelerometer 7 X→ Y’ 

Y→ -Z’ 

Z→ -X’ 

Accelerometer 8 X→ -Z’ 

Y→ -X’ 

Z→ Y’ 
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Appendix C, Additional results 

In this appendix, additional results from the measurements and from the simulations are 

presented. The graphs in this appendix has been used to create table 5-2- 5-4 in the main report. 

Figure 9-27, 9-34 and X9-41 illustrate the first four gear mesh overtones. In the graphs, the 

velocities registered by the accelerometer is plotted against the test rig input speed. From the 

simulations with constant velocity a frequency spectra were generated from the forces recorded 

in the inner bearings. By using the frequency spectra, the gear mesh overtones are visualized as 

peaks in the graphs. The frequency spectrums from the simulations are presented in figure 9-

28 – 9-33, 9-35 – 9-40 and 9-42 - 9-47. 

 

 
Figure 9-27: Order sections from experiments, accelerometer 2. 

 

 
Figure 9-28: Frequency spectra for test gearbox pinion inner bearing, 2800 rpm. 
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Figure 9-29: Frequency spectra for test gearbox pinion inner bearing, 2400 rpm. 

 

 
Figure 9-30: Frequency spectra for test gearbox pinion inner bearing, 2000 rpm. 
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Figure 9-31: Frequency spectra for test gearbox pinion inner bearing, 1600 rpm. 

 

 
Figure 9-32: Frequency spectra for test gearbox pinion inner bearing, 1200 rpm. 
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Figure 9-33: Frequency spectra for test gearbox pinion inner bearing, 800 rpm. 

 

 
Figure 9-34: Order sections from experiments, accelerometer 3. 
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Figure 9-35: Frequency spectra for test gearbox gear inner bearing, 2800 rpm. 

 

 
Figure 9-36: Frequency spectra for test gearbox gear inner bearing, 2400 rpm. 
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Figure 9-37: Frequency spectra for test gearbox gear inner bearing, 2000 rpm. 

 

 
Figure 9-38: Frequency spectra for test gearbox gear inner bearing, 1600 rpm. 
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Figure 9-39: Frequency spectra for test gearbox gear inner bearing, 1200 rpm. 

 

 
Figure 9-40: Frequency spectra for test gearbox gear inner bearing, 800 rpm. 
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Figure 9-41: Order sections from experiments, accelerometer 7. 

 

 
Figure 9-42: Frequency spectra for slave gearbox gear inner bearing, 2800 rpm. 
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Figure 9-43: Frequency spectra for slave gearbox gear inner bearing, 2400 rpm. 

 

 
Figure 9-44: Frequency spectra for slave gearbox gear inner bearing, 2000 rpm. 
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Figure 9-45: Frequency spectra for slave gearbox gear inner bearing, 1600 rpm. 

 

 

Figure 9-46: Frequency spectra for slave gearbox gear inner bearing, 1200 rpm. 
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Figure 9-47: Frequency spectra for slave gearbox gear inner bearing, 800 rpm. 

. 
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