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Abstract  

Brake squeal is an old and well-known problem in the vehicle industry and is a frequent 

source for customer complain. Although, brake squeal is not usually affecting the 

performance of the brakes, it is still important to address the problem and to predict the brakes 

tendency to squeal on an early stage in the design process. Brake squeal is usually defined as 

a sustained, high-frequency vibration of the brake components, due to the braking action. By 

using simulation in finite element (FE) method it should be possible to predict at what 

frequencies the brakes tend to emit sound. 

The method chosen for the analysis was the complex eigenvalues analysis (CEA) method, 

since it is a well-known tool to predict unstable modes in FE analysis. The results from the 

CEA were evaluated against measured data from an earlier study. Even though there are four 

main mechanism formulated in order to explain the up come of squeal, the main focus in this 

project was modal coupling, since it is the main mechanism in the CEA.  

A validation of the key components in model was performed before the analysis, in order to 

achieve better correlation between the FE model and reality. A parametric study was 

conducted with the CEA, to investigate how material properties and operating parameters 

effected the brakes tendency to squeal. The following parameters was included in the 

analysis; coefficient of friction, brake force, damping, rotational velocity, and Young’s 

modulus for different components. 

The result from the CEA did not exactly reproduce the noise frequencies captured in 

experimental tests. The discrepancy is believed to mainly be due to problems in the 

calibration process of the components in the model. The result did however show that the 

most effective way to reduce the brakes tendency for squeal was to lower the coefficient of 

friction.  

The effect of varying the Young’s modulus different components showed inconsistent results 

on the tendency to squeal. By adding damping one of the main disadvantages for the CEA, 

which the over-prediction of the number of unstable modes, where minimized.  

Keywords: Brake Squeal, Complex Eigenvalue Analysis, Model Validation, Parametric 

Study, High Frequency, Brake Noise 

 

  



 

 

 

Sammanfattning 

Bromsskrik är ett vanligt förekommande problem inom fordonsindustrin och ett frekvent 

kundklagomål. Även om bromsskrik oftast inte påverkar bromsverkan så är det viktigt redan i 

designprocessen kunna förutspå bromsens benägenhet till oljud. Bromsskrik definieras oftast 

som en ihärdig högfrekvent vibration av bromskomponenterna, orsakat av bromsningen.  

Genom simulering i finita elementmetoden är det möjligt att förutspå vid vilka frekvenser som 

bromsen tenderar att avge oljud.  

Den metod som valdes för simuleringarna var komplex egenvärdesanalysmetoden, eftersom 

det är ett väletablerat verktyg för att förutspå ostabila moder i finita elementanalyser. Även 

fast det finns fyra huvudmekanismer formulerade för att förklara uppkomsten av bromsskrik, 

användes i detta projekt modal koppling, då detta är huvudmekanismen i komplexa 

egenvärdes analyser.  

En modellvalidering utfördes på komponentnivå för bromsskivan, beläggen och en 

hopsättning av komponenter för att finita element analysen skulle ge en så god korrelation 

med verkligheten som möjligt. En parametestudie utfördes för att kunna se vilka 

materialegenskaper och driftparametrar som påverkar förekomsten av bromsskrik. De 

parametrar som undersöktes var påverkan av friktionskoefficienten, bromskraften, dämpning, 

hastighet och E-modulen för viktiga komponenter.  

Resultatet visade att analyserna inte fångade upp samma frekvenser som de från tidigare 

tester, troligen på grund av att komponenterna i modellen inte överensstämmer med 

verkligheten. Resultatet visade att den effektivaste metoden att minska uppkomsten av oljud 

är en minskad friktionskoefficient.  

Genom att variera olika komponenters E-modul visade sig ge olika stor påverkan på 

uppkomsten av bromsskrik. En av största nackdelen med över estimeringen av ostabila moder 

i komplex egenvärdes analys kunde minimeras genom att addera dämpning till modellen.    

Nyckelord: Bromsskrik, Komplex Egenvärdes Analys, Modellvalidering, Parameterstudie, 

Bromsljud 
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1 Introduction 

This chapter will give the background of the disc brake, brake squeal and the 

problem definition. Followed by the purpose, aims, and goals of the project 

and a short description of the company. 

1.1 Background 

This thesis is the first step for Volvo Trucks attempt to use simulation tools to predict brake 

squeal early on in the design process and to decrease the need of physical testing. Even though 

brake squeal has been studied frequently during the last years, most researches has been 

performed on cars with hydraulic brake systems and not on air brake systems, commonly used 

in trucks. The CAD models of the brake system used in this thesis is the WR Brake version 

B03, provided by Volvo Trucks, that has been shown in tests to be prone to squeal. 

1.1.1 Brake System  

Air brake systems are commonly used for heavy trucks, thanks to its efficiency and reliability 

regarding safety. One of the advantages of using an air brake system, is the unlimited air supply 

and as a result the system can always refill [1]. Some of the most important components in a 

disc brake are the brake disc, brake pads, caliper, and an air actuation system as seen in Figure 

1-1. The brake disc is attached to the axle hub using a spline connection and rotates with the 

wheels. The springs is pressing the pads against the carrier. When pressure is applied, the inner 

pad is pressed against the disc by the piston meanwhile the outer pad is pressed against the disc 

by the caliper. The brake pads consist a friction material and a back plate which are loosely 

housed in the caliper and held up by the carrier. The caliper is allowed to slide freely along the 

guide pins. The friction between the disc and pad converts the most of the kinetic energy to 

heat, however, it also converts into vibrations, which generates noise [2]. The brake in reality 

and the Finite element (FE) model containing the components used in this project are illustrated 

in Figure 1-1(a) and Figure 1-1 (b) respectively. 
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Figure 1-1. The disc brake. a) The actual disc brake from the outside view  

b) The FE model of the brake from the inside view. 

1.1.2 Brake squeal 

In vehicles, the brakes are one of the primary components for both safety and performance. The 

brakes are used to slow down or stop the moving vehicle, using the friction between the pads 

and disc to convert the kinematic energy into heat and the undesired effects of vibration, and 

noise. A side effect sometimes produced due to this operation is brake squeal, an undesired 

noise due to dynamic instability in the system. The high pitch sound is uncomfortable for the 

driver and the surrounding, and some customers may think there is something wrong with the 

brakes performance. This might lead to warranty claims, even though the brakes are functioning 

as intended. There is no precise definition of brake squeal, however, it is usually defined as a 

sustained, high-frequency (above 1 kHz) vibration of the brake system components, caused by 

the braking action. Even though substantial researches has been conducted for the prediction of 

brake squeal, it is still difficult to predict its occurrence, due to the complexity of the 

mechanisms causing the phenomena [3].  

1.2 Problem definition 

It is especially important in the development of new brake components, to identify the systems 

tendencies for brake squeal. Due to the regulations for noise in commercial vehicles are 

becoming more stringent, it is even more important to minimize the brake squeal for heavy 

vehicles. By simulating the relevant components of the brake system using FE methods, 

unstable modes causing the noise could be identified. This would give the opportunity to predict 

and minimize the up come of brake squeal in an earlier state of the design process.  
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1.3 Purpose  

The purpose of this thesis project is to select a suitable method in FE analysis to detect the 

unstable modes causing the brake squeal through simulations of the brake system. The aim of 

this project is to evaluate different methods for detect brake squeal and find out how different 

parameters are affecting the result and validate the result against measured data.  

1.4 Delimitations 

The project has a time limit and was conducted during the spring of 2018 from week 4 to week 

23. This study focuses on capturing the behavior of the high frequency squeal (above 5 kHz). 

No experiments will be performed, all experimental data was provided by Volvo Trucks from 

previous test reports. A simplified model of the ingoing mechanisms inside the caliper was 

used, since the part is not manufactured by Volvo and are therefore not own by the company. 

Therefore, it would be too time consuming to model and validate the ingoing mechanism.  

1.5 About ALTEN 

ALTEN Sverige AB is a consulting company in technology and IT and has been a part of the 

ALTEN group since 2008. Today, the company has over 20,000 employees, with 1,500 

stationed in Sweden and offices in 20 countries. ALTEN is today one of Europe’s leading 

technology and IT consulting companies [4]. One of ALTEN Sweden’s main customers is 

Volvo AB, with around 95,000 employees in 18 countries [5].  

Volvo Trucks are part of the Volvo group and is the leading manufacturer of heavy trucks in 

Europe [6]. This Master Thesis is conducted at ALTEN in Gothenburg in close cooperation 

with Volvo Trucks.    
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2 Theoretic Background 

This chapter presents the mechanisms causing brake squeal and the different 

methods for analysis in FE are briefly presented. The chapter ends with 

 how different parameters are affecting the tendency of brake squeal. 

2.1 Brake Noise Mechanisms 

The mechanisms causing brake squeal has been a challenging problem since the 1930s, due to 

its complexity. There are numerous of theories formulated that are trying to explain the 

mechanisms behind brake squeal. The proposed mechanisms can be divided into four major 

categories; stick-slip, sprag-slip, modal coupling, and hammering excitation. There are many 

different names for these categories and at least one of these phenomena has to be fulfilled in 

order for brake squeal to take place [7]. This project where focusing on the modal coupling 

mechanism, since it is the main mechanism in Complex Eigenvalues analysis (CEA).  

2.1.1 Stick-Slip Mechanism 

The stick-slip theory was the first mechanism developed to explain the brake squeal 

phenomena. It is believed to occur at low speeds and causing friction-induced vibrations in the 

system. The negative slope characteristic of the dynamic Coefficient of Friction (COF) towards 

the sliding velocity in the contact interface results in the audible oscillations. This feeds energy 

to the system causing large vibrations and negative damping evokes limit cycle [2]. Limit cycle 

means the energy of the system is constant over a cycle (does not loss or gain energy) [8].  

It is explained that brake squeal is caused by the difference between the static and kinematic 

COF. When the sliding velocity increases, the dynamic COF decreases and causing the steady 

state sliding to become unstable, which leads to friction-induced vibrations.  

The stick-slip mechanism can be illustrated by a Single Degree of Freedom (SDOF) system 

(see Figure 2-1a) with a brake pad represented as a mass (m), that is resting on a rotating disc 

with constant velocity (v) and are connected to a linear spring with a fixed end. At first the 

spring force is less than the static friction force causing the mass to rotate with the disc. When 

the deformation of the spring increases, eventually the spring force becomes larger than the 

static friction force, causing the mass to start to slide relatively to the disc.  

The dynamic friction force, leading to a decreasing deformation of the spring and spring force, 

then controls the motion. As a result, the mass will gradually stop sliding and the stick-slip 

cycle is repeated. If the COF µ between the brake disc and pad are assumed to decrease linearly 

with the sliding velocity (see Figure 2-1b), these results in following equation for the motion of 

the pad [2]:  

  m�̈� + c�̇� + kx = F(𝜇𝑠 − 𝛼𝑣) 
 

(2-1) 
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Figure 2-1. The stick-slip mechanism a) SDOF system b) COF decreasing with velocity [2]. 

2.1.2 Sprag-Slip Mechanism  

The sprag-slip mechanism was developed when it was discovered that brake squeal was not 

only caused by the stick-slip phenomena and could occur during constant COF. The mechanism 

causes instabilities in the system due to geometrically or kinematic constraints in terms of 

motions and forces [2]. It might occur in local areas for instance asperities or at a microscale 

between the sliding contact surfaces [7].  

The phenomena is described as a locking of a body in contact with a sliding surface and follows 

by a slip caused by the displacement of the fixed end of the body. The induced instability occurs 

even with a constant COF.  

Figure 2-2 describes this mechanism with a semi-rigid strut at an angle θ by a rubbing surface 

and pushes horizontally to the surface. If it is assumed 𝐹𝑓 = 𝜇𝐹𝑁 and equilibrium of the system, 

leads to the following equation:  

  
𝐹𝑓 =

𝜇𝐿

1 − 𝜇 𝑡𝑎𝑛𝜃
, 𝐹𝑁 =

𝐿

1 − 𝜇 𝑡𝑎𝑛𝜃 
  

 

(2-2) 

 

where 𝜇 is the COF, 𝐹𝑓 is the friction force, 𝐹𝑁 is the normal force, and L is the load. When 𝜇 

approaches 𝑐𝑜𝑡𝜃, the friction force will approach infinity, and due to this the strut 

“sprags”/locks and no movement can occur. Then the strut releases itself from the lock due to 

flexibility in the assembly and returns to its original state and then the cycle repeats [2].  

 

Figure 2-2. Schematic model of the sprag-slip theory [2]. 
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2.1.3 Modal Coupling Mechanism 

The mechanism of modal coupling is explained by two modes of vibration geometrically 

matching each other and leads to close resonance, feeding more energy to the system than can 

dissipate. Different components such as brake disc, pads, caliper etc. can cause the coupling of 

the two vibration modes leading to the noise. Figure 2-3 shows an example of coupling between 

the brake disc and the brake pad. The phenomena are usually depending on the operational 

conditions and the interface characteristics such as stiffness. The friction force changes as a 

result of the modal coupling of the involved sliding parts and is essential for the self-excited 

vibration [2].   

  

 

Figure 2-3. Modal coupling between disc and the pad [2]. 

2.1.4 Hammering Excitation Mechanism  

The vibrations for the hammering excitation mechanism is caused by uneven brake disc surface 

variation during rotation. To explain the excitation mechanism of the brake noise, hammering 

was introduced. Hammering was explained as a simple mechanical impact model, which does 

not take the frictional force into account. It was observed that the frequencies causing the noise 

found in vehicle testing where similar to the ones observed from modal analysis with an impact 

hammer. This lead to the theory that the brake noise may be caused by a “hammering” 

mechanism at the contact surface which excited a mode of the whole brake system.  

The phenomena may occur between the brake pad and the brake disc, or the brake pad and the 

caliper, and then cause a coupled reaction of hammering between the brake components. This 

may result in noise and vibration, due to one or more components will be excited into natural 

modes of vibration or resonance. The operational conditions and the design of the brake system 

is probably deciding which component going into resonance [2].  
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2.2 Analytic Methods for Brake Squeal 

FE models are commonly used today to predict the brakes tendencies to squeal. There are 

mainly two different analysis methodologies available to predict brake squeal using FE method. 

The CEA is most commonly used, but during the last years Transient Dynamic Analysis (TDA) 

has gradually gaining popularity. Co-simulation is a relatively new method combining these 

two methods into a hybrid analysis [9]. The CEA method was chosen for this project, since 

TDA method would be too time-consuming to use for the many components in the model and 

CEA is the first step towards using Co-simulation.  

2.2.1 Complex Eigenvalues Analysis 

The CEA method uses an implicit approach and are solved by iterating each time increment, 

until convergence criterion is obtained. The method uses the nonlinear static analysis to 

calculate the friction coupling prior to the complex eigenvalue extraction. Modal coupling is 

the main mechanism for this method. The method can obtain the unstable modes and the modes 

shape. The real part from the complex eigenvalue gives an indication of the systems tendency 

to squeal [10].  

CEA is very efficient due to that the unstable frequencies can be obtained in one run. However, 

not all unstable modes necessarily produce audible squeal, so the method usually over-predict 

the number of unstable frequencies [11]. The CEA is not able to take uniform contact and other 

nonlinear effects into account [10].  

2.2.2 Transient Dynamic Analysis 

The TDA method uses an explicit approach and does not need a convergent solution before 

attempting the next time step. TDA is considering squeal to be a vibration problem in the time 

domain and can predict the unstable frequencies if the model is done correctly. On the other 

hand it does not obtain any information on the mode shape and takes a lot of computing time 

[10]. The method can take the aspect of the nonlinear contact with friction into account. 

Information about the displacement, acceleration, velocity, force and area of the contact during 

system vibration can be obtain from this analysis [12].    

2.2.3 Co-simulation 

The Co-simulation method combines the advantages and strengths from both the implicit and 

explicit approach. The method exchange data between the systems during the integration time 

for different substructures of the model. For the investigation of brake squeal the FE analysis 

model is divided into two parts, the first one is solved in the frequency domain and the second 

one in the time domain. The implicit section solved in the frequency domain is almost the same 

as CEA procedure mentioned in section 2.2.1. The analysis technique can obtain an accurate 

result in less computing time. 

An interface region and coupling scheme need to be specified for the Co-simulation. The 

interface region is a common region between the two models and is the section for the data 
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exchanging between the models. The coupling scheme is for exchanging the data of the 

frequency and the time incrimination process [9].  

2.3 Parameters effecting brake squeal 

To understand the reason behind brake squeal, it is important to understand the influencing 

parameters. By using a FE model, it is possible to understand how changes in the design, 

material, and operational parameters effects the brakes tendency to squeal. Several of 

researchers have been studying the factors associated with brake squeal to be able to understand 

how they contribute. It is especially important in the design process to be aware of the way 

different parameters can increase or decrease the brakes tendency to squeal [13]. 

2.3.1 Coefficient of Friction  

Since brake squeal is defined as friction induced instability phenomena and friction is the main 

cause to the instability, it is important to investigate the influence of the COF between the pads 

and disc has on the result. Research has stated by varying the COF it can be concluded that with 

a lower COF all the modes of the system will become stable. When the COF increases the 

modes can be driven closer to each other in the frequency [14].  

The result from the previous researches points towards the existence a critical COF value. At 

higher COF values a change will take place (known as bifurcation) and a new mode occurs 

which contains the original modes as a coupled pair. The conclusion is that a higher COF will 

result in an increase propensity for squeal, since the higher COF increases the frictional force 

and leading to a greater number of excited unstable modes. Even though a lower COF would 

lower the tendency to squeal, it would reduce the braking performance and is there by not a 

suitable method to reduce the tendency squeal [13].  

2.3.2 Braking Pressure 

The braking pressure is applied when the piston is pressing the inner pad against the disc and 

the outer pad is pressed by the caliper. Researches shows an increased braking pressure 

increases the instability in the system. It is concluded an increased braking pressure results in 

an increased propensity to squeal, due to higher values for contact stiffness between the pads 

and the brake disc. On the other hand the effect is not as obvious as the change in COF [13].   

2.3.3 Young’s Modulus  

Researches shows changes of the Young’s modulus has a significant effect on the result. The 

influence of the Young’s modulus on squeal is different for each component of the brake. By 

increasing the Young’s modulus of the brake disc some unstable modes could be eliminated 

and by decreasing it new one occurred. Since the Young’s modulus is the materials stiffness, it 

is concluded that a stiffer material and brake disc can decrease the tendency to squeal. However, 

it is not always possible to change the material to one with a higher Young’s modulus. 

Therefore, it is sometimes more suitable to change the geometry to achieve a higher stiffness 

of the component.   
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On the other hand, researches show an increased Young’s modulus for the back plate of the 

pads increase the tendency to squeal. The explanation is that the friction material attached to 

the back plates is very soft compare to the back plate. The reason is the higher stiffness of the 

back plate leads to an uneven deformation and vibration magnitude of the pads. As a result, to 

this an increase of the Young’s modulus of the friction material decreases the tendency to 

squeal, due to a more even pad deformation.  

The tendency to squeal can effectively be reduced by changing the Young’s modulus of the 

brake disc, friction material, and the back plate of the pads. Researches also conclude an 

increase in Young’s modulus of the most of the other components reduced the brakes tendency 

to squeal [15].  

2.3.4 Rotational Velocity 

It is important to investigate the influence of the velocity, since brake squeal is usually 

appearing at low rotational velocity. Previous research shows an increase in the number of 

unstable modes and a higher tendency for squeal at lower speeds. However, the effect of the 

velocity is relatively small, compared to other influencing parameters, such as the COF [10]. 

In theory the velocity does not contribute to the tendency to squeal, since the solving method 

for CEA for the rotational velocity (*Motion) in the static step is not affecting the damping 

matrix nor the stiffness matrix. This can be shown by the following equation considering 

perturbation in the frictional stress, τ:  

  
𝑑𝜏 = (𝜇 +

𝜕𝜇

𝜕𝑝
𝑝) 𝑡𝑑𝑝 +

𝜕𝜇

𝜕|�̇�|
𝑝𝑡𝑑|�̇�| + 𝜇𝑝𝑑𝑡 

(2-3) 

 

where t is the slip direction, p is the pressure, 𝜇 is the friction coefficient and, �̇� is the slip rate 

defined by the rotational velocity option (*Motion) used in CEA. All terms in Eq. (2-3) becomes 

zero if the COF are not depending on the pressure or the sliding velocity [16].  

2.3.5 Damping ratio 

Without correct damping in a FE simulation, the chance of over-prediction in unstable modes 

increases. The over-prediction is well known and one of the limitations using CEA. Each of the 

components of the brake assembly have a specific level of damping, contributing to the result 

in the simulation assembly. The damping ratio is related to the material properties of the 

component and can be obtained from experimental testing. By investigating each component’s 

specific level of damping individually, a better correlation to reality can be obtained for the 

simulated assembly. There are several ways to describe damping etc. structural damping and 

Rayleigh damping [17].  
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3 Mathematical formulation 

The following chapter present the equations for modal analysis, including the 

solving method in FE method and calculation of the damping ratio. Followed by the 

equations for angular velocity and the solving method for CEA. 

3.1 Modal analysis 

The natural frequencies for the brake components are solved using FE method with free body 

analysis. The equation of motion, when no damping and no force is present, can be written as: 

 [𝐾]𝑥 + [𝑀]�̈� = 0 

 

(3-1) 

 

where [K] is the stiffness matrix and [M] is the mass matrix. The harmonic solution for free 

vibration problems is assumed to be: 

 𝑥 = 𝜙exp (𝑖𝜔𝑡) 

 

(3-2) 

 

where ϕ is the amplitude of the nodal displacement, ω is the circular frequency and t is the time. 

Then Eq. (3-1) is substituted into Eq. (3-2) to obtain:  

 ([𝐾] − 𝜔2[𝑀])𝜙 = 0 

 

(3-3) 

 

The equation can also be written as: 

 ([𝐾] − 𝜆[𝑀])𝜙 = 0 

 

(3-4) 

 

where lambda λ=ω2. The non-zero solution for ϕ is find by the determinant of Eq. (3-4): 

 𝑑𝑒𝑡([𝐾] − 𝜆[𝑀]) = 0 

 

(3-5) 

 

The eigenvalues, λi are obtained and are related to the natural frequencies of the system. Then 

the eigenvalue λi are subtracted into Eq. (3-4): 

 ([𝐾] − 𝜆𝑖[𝑀])𝜙 = 0 

 

(3-6) 

 

By solving Eq. (3-6) the eigenvectors ϕi are obtain. The i-th eigenvalue are corresponding to 

the i-th eigenvector, leading to the following equation: 

 ([𝐾] − 𝜆𝑖[𝑀])𝜙𝑖 = 0 

 

(3-7) 

 

The eigenvector 𝜙𝑖  relates to a vibration mode, which gives the shape of the vibrating system 

of the i-th mode [18].  
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3.1.1 Determination of damping ratio 

The half-power method is used in order to calculate the damping ratio from the points on the 

Frequency Response Function (FRF) plot of amplitude of 𝐻(𝑓). The point values are where the 

amplitude decreases to 
1

√2
 of the peak value, since this would be one half of the peak value. 

Since 𝐻(𝑓) is plotted in logarithmic scale in dB, these points are when the peak value decreases 

with 3 dB (see Figure 3-1). The difference between the points corresponding frequencies 𝑓1 and 

𝑓2 are the so called 3dB band of the system. The half-power method is only suitable for lightly 

damped FRF data with good frequency resolution and well separated modes. The equation for 

light damping is:  

 ∆𝑓3𝑑𝐵 = 𝑓2 − 𝑓1 = 2𝜁 ∗ 𝑓0 

 

(3-8) 

where 𝑓0 is the frequency of resonant peak and 𝜁 is the damping ratio. By rewriting Eq.(3-8) 

the damping ratio is obtained [19]:  

 
𝜁 =

𝑓2 − 𝑓1

2𝑓0
 

 

(3-9) 

 

 

Figure 3-1. Determination of the damping ratio[19]. 

3.2 Angular Velocity 

Since the velocity of a vehicle is usually presented in kilometers per hour, a conversion to the 

angular velocity is necessary. The velocity, 𝑣 in km/h is converted to 𝑚/𝑠: 

 
𝑣𝑖 =

𝑘𝑚

ℎ
=

1000

3600
𝑚 𝑠⁄  

 

(3-10) 

The circumference, 𝑃 for a circle: 

 𝑃 = 2𝜋 ∗ 𝑟 

 

(3-11) 

where 𝑟 = 0.5 𝑚 and is the radius of the brake disc. By dividing Eq. (3-10) with Eq. (3-11) the 

revolution per second can be obtained: 
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 𝑟𝑝𝑠 =
𝑣

𝑃
 

 

(3-12) 

To obtain the angular velocity in radius per second: 

 𝜔 = 2𝜋 ∗ 𝑟𝑝𝑠 (3-13) 

3.3 Complex Eigenvalue Analysis 

To be able to perform the CEA using ABAQUS the following four main steps are required:  

i. Pressure step - Nonlinear static analysis for applying the brake pressure  

ii. Disc rotation step - Nonlinear static analysis to impose rotational speed on the disc  

iii. Normal modal analysis - Extract the natural frequencies of the undamped system 

iv. Complex eigenvalue analysis - Incorporates the effect of modal coupling 

This analysis uses the subspace projection method in order to solve complex eigenproblems. 

To be able to determine the projection subspace, the natural frequency extraction analysis is 

first required [13]. The following equation is the governing equation for vibrating systems:  

 [𝑀]�̈� + [𝐶]�̇� + [𝐾]𝑥 = 0 
 

(3-14) 

where [𝑀] is the mass matrix, which is symmetric and positive, [𝐶] is the damping matrix, [𝐾] 

is the stiffness matrix, which is unsymmetrical due to friction, and 𝑥 is the displacement vector. 

The governing equation of Eq. (3-14) can be rewritten as:  

 (𝜆2[𝑀] + 𝜆[𝐶] + [𝐾])Φ = 0 

 

(3-15) 

where 𝜆 is the eigenvalue and 𝛷 is the corresponding eigenvector. Due to the unsymmetrical 

stiffness matrix the eigenvalues 𝜆 and the eigenvectors 𝛷 are both complex. Then by ignoring 

the damping matrix 𝐶 and the unsymmetrical contribution to the stiffness matrix 𝐾, the system 

is symmetrized in order to solve the complex eigenvalue problem. Due to the damping being 

ignored, the eigenvalue 𝜆 becomes pure imaginary, 𝜆 = 𝑖𝜔. The equation for the eigenvalue 

problem now becomes (i.e. similar to Eq. (3-6)):  

 (−𝜔2[𝑀] + [𝐾𝑠])𝜙 = 0 

 

 (3-16) 

where [𝐾𝑠] is the symmetric part of the stiffness matrix and 𝜔 is the circular frequency. To be 

able to find the projection subspace, the symmetric eigenvalue problem is then solved using the 

Lanczo’s iteration eigensolver. After that the original mass, damping and stiffness matrices are 

projected onto the subspace of the real eigenvectors 𝜙: 

 [𝑀∗] = [𝜙1, … , 𝜙𝑁]𝑇[𝑀][𝜙1, … , 𝜙𝑁] 
 

(3-17) 

 [𝐶∗] = [𝜙1, … , 𝜙𝑁]𝑇[𝐶][𝜙1, … , 𝜙𝑁] 
 

(3-18) 

  [𝐾∗] = [𝜙1, … , 𝜙𝑁]𝑇[𝐾][𝜙1, … , 𝜙𝑁] (3-19) 
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This gives the following expression for the complex eigenproblem: 

 (𝜆2[𝑀∗] + 𝜆[𝐶∗] + [𝐾∗])Φ∗ = 0 

 

(3-20) 

The system is solved using the QZ method for generalized unsymmetrical eigenvalue problems. 

Then the eigenvectors of the original system can be obtained by:  

 Φ𝑖 = [𝜙1, … , 𝜙𝑁]Φ𝑖
∗ 

 

(3-21) 

where Φ𝑖 is the approximation of the i-th eigenvector of the original system. For Eq. (3-15) the 

eigenvalues and eigenvectors consist a real and an imaginary part. A complex conjugate pair 

occurs for undamped systems and gives the following equation for a particular mode:  

 𝜆𝑖1,2 = 𝛼𝑖 ± 𝑖𝜔𝑖 

 

(3-22) 

where αi is the real part and ωi is the damped natural frequency (the imaginary part) describing 

the sinusoidal motion for the i-th mode [20].  

A negative real part results in decaying amplitude of oscillations and gives a stable system. The 

system will on the other hand become unstable if the real part is positive. As a result, the modes 

with tendency to squeal can be identified by exanimating the real part of the system eigenvalues. 

The damping ratio can be defined as: 

  
𝜁 =

−2𝛼

|𝜔|
 

 

(3-23) 

The system is unstable and has a tendency to squeal if the damping ratio is negative [12]. 
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4 Methodology 

This section describes all method used in this thesis, included the experimental 

and FE analysis for model validation. Followed by the chosen method and  

required steps for the CEA. 

4.1 Material Properties 

Table 4.1 shows the isotropic material properties of the brake components, with the tuned values 

for the brake disc. The start values before the tuning was for the disc: 𝐸 = 123 𝐺𝑃𝑎,   

𝜌 = 7200 𝑘𝑔/𝑚3 and for the friction material:  𝐸𝑥 = 𝐸𝑦 = 11.5 𝐺𝑃𝑎, 𝐸𝑧 = 0.4 𝐺𝑃𝑎, 

𝜌 = 1550 𝑘𝑔/𝑚3. 

Table 4.1. Material properties of the different brake components 

 

The friction material of the brake pads is made from an anisotropic material with the material 

properties given in Table 4.2, with the tune values. The properties orientation seen in Figure 

4-1 are the properties for the anisotropic material with the same properties in x-and y-direction, 

so the anisotropy is in the brake pads thickness (z-direction). 

Table 4.2. Material properties of the friction material of brake pads 
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Figure 4-1. The orientation of anisotropic friction material. 

4.2 Model validation 

Validation of the important components of the disc brake is necessary in order for the FE model 

to correlate to the physical components. Each component’s geometry and its material properties 

are predicted to have a significant impact to the result. The FE model was validated by 

conducting a modal analyse in ABAQUS and comparing it to result to experimental testing. An 

relative error of 5% where considered acceptable in this project [15]. The main components 

contributing to squeal are known to be the brake disc and brake pads. These two components 

are therefore most important to validate individually to get the most accurate result [13]. 

Components validated was the brake disc and brake pads as well as an assembly with the rest 

of the important components. The components included in the assembly are seen in Figure 4-2. 

The same components where tested with equal conditions in the experimental testing and the 

FE analysis. 

 

Figure 4-2. The ingoing components in the brake assembly 

4.2.1  Experimental Modal Analysis 

The Experimental Modal Analysis (EMA) is useful for finding the structures dynamic 

characteristics, such as natural frequencies, damping factor, and mode shapes. The experiment 

was conducted to find the dynamic characteristics of the components that has the largest impact 

on the result at free-body conditions. The type of EMA method used to analyze the brake 

components was the FRF, which simultaneously measures the input excitation and the output 
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response. Each of the structures where extracted with an impact hammer and one of the 

excitation points for the different components seen in Figure 4-3-4-5. The response was 

captured with an accelerometer and its placement during the testing is shown in Figure 4-3-4-5. 

A dynamic signal analyzer where used for the transformation of the response signals to FRF’s 

[15]. The FRF data was provided by Volvo Trucks and was analyzed using MATLAB to plot 

the result and obtain the different components natural frequencies. FRF data is converted to 

decibel from the amplitude by the following equation [19]:  

 𝑑𝐵 = 20 log10 (√𝑟𝑒𝑎𝑙2 +  𝑖𝑚𝑔2) (4-1) 

 

The damping ratio was calculated according to Eq. (3-9) from the MATLAB plots for the brake 

disc and the brake pads (see values in section 5.1.2). No damping was calculated for the 

assembly, since there was too many different materials and components, so the result would not 

be accurate. The damping calculated for the disc was used in the CEA for the assembly 

components with similar material properties as the disc material.   

 

Figure 4-3. Brake pads experimental conditions. 
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Figure 4-4. Experimental conditions of the brake disc. 

 

Figure 4-5. Experimental conditions of the assembly. 

4.2.2 FE Modal Analysis 

The disc and pads material properties were adjusted, to be able to reduce the relative error 

between the experimental result and the FE result. The density and Young’s modulus where 

varied in order to obtain natural frequencies close to the experimental results. It was especially 

important to tune in the friction material to get the correct behavior, since the composition of 

the material is unacquainted. The brake disc and brake pads were simulated in free-body 

conditions, which allows the component to vibrate freely. The Lancoz’s method were used as 



 

18 

 

the solving method when extracting the natural frequencies (*FREQUENCY) and the 

frequency range was specified from 0-10 kHz in the FE software. Since a modal analysis only 

captures the linear behavior all non-linear properties are neglected. 

For the assembly model all the boundary conditions and component interfaces were added. Two 

extra steps needed to be added in the simulation of the assembly, a static step (*STATIC) for 

the pre-tension of the bolts before the extraction of the natural frequencies (*FREQUENCY) 

and a step to obtain the harmonic response of the assembly (*STEADY STATE DYNAMICS) 

after obtaining the natural frequencies. The pre-tension force applied on each bolt in the pre-

tension step were 120 kN. For the third step a unit load of 100 N were added on a node at the 

extraction point (see Figure 4-5), which represents the hammer impact. The frequency was 

swept from 5 kHz to 10 kHz, to obtain the assemblies harmonic response. A general 1% 

damping was added to the assembly in the last step to obtain a more realistic result. The amount 

of damping was given by Volvo Trucks. 

4.3 Complex Eigenvalues Analysis 

The FE model of the complete brake is constructed with 31250 first order hexahedral, 900 first 

order pentahedral, and 328778 second order tetrahedral elements (see Figure 4-6). The 

explanation for the many components used in this project has to do with test results performed 

at Volvo Trucks. The test has shown that not only the disc and pads are contributing to modal 

coupling, but also the caliper and other components.  

 

Figure 4-6. The mesh of the complete disc brake. 

 



 

19 

 

 

 

Figure 4-7 shows, in the red areas, the general contact with a COF set to 𝜇 = 0.12 betweeen 

the interacting surfaces in the model.  

 

Figure 4-7. General contact between the components. 

Figure 4-8 shows the contact in red between the disc and the pads with a COF set to the values 

in Table 4.3.  

 

Figure 4-8. The contact between the disc and the pads. 
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Figure 4-9 show the simplified ingoing mechanisms use in this analysis and its placement inside 

the caliper. The simplified mechanism was provided by Volvo Trucks.  

 

Figure 4-9. Simplified ingoing mechanism inside the caliper. 

Figure 4-10 shows how the brake force, values shown in Table 4.3, is applied on the simplified 

ingoing mechanism and the arrow shows the force direction.  

 

Figure 4-10. Brake force applied on the ingoing mechanism. 
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Figure 4-11 shows the boundary condition for how the carrier is locked in xyz-direction, in the 

nodes highlighted in orange, in order to stop the model from moving. The boundary condition 

is necessary in order to achieve convergence in the analysis and is applied in all the steps. 

 

Figure 4-11. Boundary condition prevent movement. 

The standard values used for the analysis were v=20 km/h, µ=0.3, and F=48 kN. One of the 

parameters were then changed with one of the values in Table 4.3 and the rest remained as the 

standard values. Damping was added to the materials from the result of the calculated values 

from section 4.2.1. This was added as structural damping was added to all the components made 

out of nodular iron, the friction material and the gray iron. No damping was added to the other 

materials.  

Table 4.3. Changing parameters for the CEA analysis. 

Parameter 1 2 3 4 5 

Velocity, 𝐯𝐢 (km/h) 10 20 30   

Angular Velocity, 𝛚𝐣(rad/s)  5.56 11.11 15.56   

Coefficient of Friction, µ𝐤 0.23 0.3 0.4   

Force, 𝐅𝐥 (kN) 24 48 72 96 120 

Young’s Modulus Brake Disc, 𝐄𝐦 (GPa) 100 116 140   

Young’s Modulus Brake Plate of Pads, 𝐄𝐧 (GPa) 150 170 200   

Young’s Modulus Caliper, 𝐄𝐩 (GPa) 150 170 200   

Young’s Modulus Caliper, 𝐄𝐪 (GPa) 150 170 200   

 

To perform the CEA in ABAQUS/standard the following steps are defined: 

1. Pretension, piston force and spring adjustment step 

The pre-tension of the bolts is applied by a force of 120 kN on each bolt and are 

representing the actual level of torque on each bolt on the vehicle. The information 

regarding the force was supplied by Volvo Trucks. A force is applied on the piston 

mechanism in order to stabilize the system by pressing the pads against the disc. A 
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displacement is added to the springs in order to hold the pads down and remove the 

overlap between the springs and the retainer.  

 

2. Fixed step 

The bolt lengths and distance between pads springs and retainer is fixed in this step. 

 

3. Disc rotation step 

The rotational velocity (*MOTION) are specified to all the nodes of the disc and the 

hub in this step and defines a rigid body rotation around an axis. The COF is specified 

between the brake disc and the pads in this step (*CHANGEFRICTION) and is ramped 

up in order to avoid convergence problems. 

 

4. Eigenvalue Extraction step 

In this step the Lanczo’s method is used to obtain the natural frequencies of the system 

from 0 – 10 kHz (*FREQUENCY). The step is required to be able to perform the mode-

based CEA in the following step.  

 

5. Complex Eigenvalue Extraction step 

The step is performing a complex eigenvalue extraction (*COMPLEXFREQUENCY) 

and the complex eigenvalues as well as the unstable modes are identified.  

4.4 Test data  

To compare the result from the CEA, data from experimental tests where provided by Volvo 

Trucks. The tests were performed on same type of brake as the one used in the CEA. The values 

of the noise frequencies detected during testing are shown in Table 4.4. The sharpest extracted 

noise captured in the experiment was at around 6.5 kHz. 

Table 4.4. Frequencies detected during testing. 

 Frequency (Hz) 

1 1675 

2 6200 

3 6500 

4 7600 

5 8650 
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5 Results 

This chapter presents all the result from the project starting with the model 

validation of the components. Followed by the result from the CEA 

5.1 Model validation  

5.1.1 Modal analysis 

The result from tuning the Young’s modulus and density to obtain the smallest relative error 

are found in Table 5.1-5.3. The plots used to obtain the natural frequencies from the FRF data 

are found in Appendix A. 

Table 5.1 shows the comparison between the natural frequencies obtained from experimental 

testing and the FE analysis result. It also shows the relative error between the two results for 

the brake disc and the maximum relative error for the brake disc is 1.29%, which is small 

compared to the acceptable relative error of 5% in this project.  

Table 5.1. Natural frequencies of the brake disc 
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Table 5.2 represents the natural frequencies from the experimental and FE analysis result and 

the relative error between the two results for the brake pad. The maximum error for the brake 

pad after the tuning is 10.41%, which is twice the acceptable relative error for this project. 

However, for the higher frequencies (above 5 kHz) the maximum relative error is 5% and are 

therefore in the acceptable range.  

Table 5.2. Natural frequencies of the brake pads 

 

Table 5.3 is comparing the result of the natural frequencies obtained by experimental testing 

and the FE analysis result for the assembly. The relative error between the results are 

represented and the maximum error is 2.14% for the assembly, which is below the acceptable 

error of 5% in this project. The plot where the natural frequencies for the FE analysis are obtain 

are found in Appendix A. 

Table 5.3. Natural frequencies of the Assembly 
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5.1.2 Damping ratio 

Table 5.4 shows values from the FRF data used to calculate the damping ratio and the result of 

the damping ratio for the brake disc. The average damping ratio used in the CEA are -0.1 % for 

the disc brake. It was not possible to calculate the damping ratio for all natural frequencies, 

since not all peaks where well separated in the FRF plot. 

Table 5.4. Calculation of the damping ratio of the brake disc 

 

Table 5.5 shows the data from FRF used to calculate and the obtained damping ratio for the 

brake pads. The result of the average damping ratio is -1.17% and are used in the CEA analysis 

for the friction material. It was not possible to calculate the damping ratio for all natural 

frequencies, since not all peaks where well separated in the FRF plot. 

Table 5.5. Calculation of the damping ratio of the brake pads 
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No damping ratio was calculated for the assembly, since the result would not be accurate, due 

to the many different materials and components.  

5.2 Complex Eigenvalues Analysis 

Figure 5-1 illustrates an example of the unstable modes shape of the brake disc, when the 

parameters are set at standard values specified in section 4.3. Figure 5-1(e) and Figure 5-1(g) 

indicates the mode shape of the brake disc when modal coupling is occurring between the disc 

and another component. It is important to investigate the mode shape at the unstable modes, to 

see the shape when squeal is occurring.  

 

Figure 5-1.The brake disc at the unstable modes. 

Table 5.6 shows the unstable modes from the test result versus the result from the CEA. The 

analysis does not correlate with the test result and the sharpest noise detected in the test at 6.5 

kHz is not captured in the analysis.  

Table 5.6. The test result vs. the CEA result. 

 Test Frequency (Hz) CEA Frequency (Hz) 

1 1675 888.22 

2 6200 2336.9 

3 6500 9326.8 

4 7600 9369.6 

5 8650 9705.3 

6  9751 

7  9756.8 
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To see how the paratameters are effecting the tendency to squeal the data, found in          

Appendix B, are plotted in Figure 5-2-5-16. An increase of number unstable modes are 

indecating a higher tendency to squeal, as well as an decreased negative damping ratio in the 

frequency plots. 

5.2.1 Effect of the friction coefficient 

Figure 5-2 shows the result from the analysis varying the COF from 0.23-0.4 and illustrates the 

damping ratio as a function of the frequceny for the unstable modes. The frequency 9.75 kHz 

is represented in Figure 5-3, with the damping ratio as a function of the COF to see the how the 

COF are effecting the tendency for squeal.  

 

 

Figure 5-2. The effect of varying friction coefficients. 

 

 

Figure 5-3. The effect of the friction coefficient on the damping ratio at frequency 9.5 kHz. 
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5.2.2 Effect of the braking force  

Figure 5-4 shows the result of the analysis using varying brake force 24-120 kN, with the 

damping ratio as a function of the frequency. All the braking forces are occurring during the 

braking action; however, it is only possible to investigate on at the time in CEA. Frequency 9.5 

kHz are plotted in Figure 5-5 with the damping ratio as a function of the braking force, to be 

able to see the effect the braking force has on the damping ratio.  

 

Figure 5-4. The effect of varying brake force. 

 

Figure 5-5. The effect of the braking force on the damping ratio at frequency 9.5 kHz 
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5.2.3 Effect of the Young’s modulus of the brake disc 

Figure 5-6 shows the damping ratio when the Young’s modulus of the disc varies from 100-

140 GPa, damping ratio as a function of the frequencies. The unstable frequency of 9.37 kHZ 

was plotted with the damping ratio as a function of the Young’s modulus to see the squeal 

propensity.   

 

 

Figure 5-6. The effect of the Disc Brake Young’s Modulus. 

 

Figure 5-7. The effect of the Disc Brake’s Young’s Modulus on the damping ratio at frequency 9.37 kHz 
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5.2.4 Effect of the Young’s modulus of the pads back plate 

Figure 5-8 shows the result by varying the Young’s modulus of the pads back plate from 150-

200 GPa. The damping ratio is a function of the unstable frequencies to see the effect of the 

stiffness of the pads back plate. Figure 5-9, presents the damping ratio versus the Young’s 

modulus of the back plate at frequency 9.76 kHz, to see the effect of the Young’s modulus in 

the tendency of brake squeal.  

 

Figure 5-8. The effect of the Back Plate of the Pads Young’s Modulus 

 

Figure 5-9. The effect of the Back Plate of the pads Young’s Modulus on the damping ratio at frequency 9.76 kHz 
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5.2.5 Effect of the Young’s modulus of the caliper 

Figure 5-10 show the damping ratio with varying Young’s modulus of the caliper, with the 

result of the damping ratio versus the frequencies. The frequency 9.75 kHz is plotted in Figure 

5-11 with the damping ratio as a function of the Young’s modulus to see the propensity for 

brake squeal.  

 

Figure 5-10.The effect of the Caliper Young’s modulus. 

 

Figure 5-11. The effect of the Caliper’s Young’s Modulus on the damping ratio at frequency 9.75 kHz 
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5.2.6 Effect of the Young’s modulus of the carrier 

Figure 5-12 shows the result from the Young’s modulus of the carrier varying from 150-200 

GPa, with the damping ratio versus frequencies. The frequency 9.75 kHz is plotted in Figure 

5-13 with the damping ratio as a function of the Young’s modulus to see the squeal propensity.  

 

Figure 5-12. The effect of the Carrier’s Young’s Modulus. 

 

Figure 5-13. The effect of the Carrier’s Young’s Modulus on the damping ratio at frequency 9.75 kHz 
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5.2.7 Effect of the velocity 

Figure 5-14 show the result from analysis varying the velocity from 10-30 km/h, with the 

damping ratio versus the frequency. All the velocities are occurring during the braking action; 

however, it is only possible to investigate on at the time in CEA. The frequency 9.75 kHz is 

plotted in Figure 5-15, with the damping ratio as a function of the velocity to see the propensity 

for brake squeal.  

 

Figure 5-14. The effect of the velocity. 

 

 

Figure 5-15. The effect of the velocity on the damping ratio at frequency 9.75 kHz 
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5.2.8 Effect of adding damping 

Figure 5-16 shows the result of adding the calculated damping to the model with the damping 

ratio versus the frequencies. 

 

Figure 5-16. The effect of adding damping 
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6 Discussion 

6.1 Model validation  

6.1.1 Modal analysis 

The FE result of natural frequencies of the brake disc shows a good correlation with the 

experimental tests and the relative error is under the acceptable 5% in this study. Since the brake 

disc is one of the key components, it is important to have good agreement between the 

experimental testing and the FE analysis. The difference in natural frequencies for the disc 

between what has been measured and the result from the FE model is neglectable and it does 

most likely not affecting the final result.  

The natural frequencies from the modal FE result for the brake pads are not in the acceptable 

range for this study at the lower frequencies, with a maximum over twice the acceptable value. 

It was not possible to tune in all the frequencies, because by changing one parameter resulted 

in the relative error being decreased for some frequencies and increased for others. Since the 

higher frequencies are the focus in this study, tuning of parameters was focused on getting a 

correlation in this frequency span. One of the frequencies captured in the hammer test is also 

missing in the FE result. Since the experimental result is not capturing the in-plane modes, the 

FE result usually produces more modes, but it should be the other way around. One of the 

explanations for the missing frequency and high relative error could be that the pads are smooth 

in the FE model, whereas they have a rougher surface in reality. In order to get a better 

correlation, the topography of the friction materials surface should be investigated and added 

into the FE model. Another explanation is the geometry of the pads, the FE model has a plane 

surface, and this is usually not achieved in reality.  The high relative error is most likely 

affecting the result for the analysis of the complete disc brake.  

The assembly result showed a good correlation to the experimental test, with a maximum 

relative error below the acceptable value in this study. Only natural frequencies from 5-9 kHz 

were compared between the results, since the assembly contains several components resulting 

in a large number of modes, where it would be too time-consuming to compare them all. To 

receive a better correlation between the FE components and reality, all the components should 

be tested separately. The assembly is most likely affecting the result for the analysis of the 

complete disc brake, since it is hard to accurate tune in a model with so many components. 

It is not possible to know if the frequencies captured in the analysis is corresponding to the ones 

in the test, since no mode shapes are captured. In order to achieve a correct validation 

experimental testing has to be conducted to capture the mode shapes and then compare them to 

the mode shapes from the analysis. 

6.1.2 Damping ratio 

The calculated damping ratios for both the disc brake and the brake pads might not be fully 

accurate, since some of the peaks in the FRF plot are not well separated. Also, the structural 
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damping might not be the most accurate representation of the materials damping ratio. The 

uncertainty of the representation of the damping ratio and the errors in the calculated values, 

might affect the result of the complete brake in the CEA when the damping ratio is added. 

6.2 Complex Eigenvalues Analysis 

Figure 5-1(e) and Figure 5-1(g) indicates that squeal occurs at modes with 9 peaks for the disc. 

For the disc, the same mode is occurring with fewer number of peaks in the lower frequency 

domain. However, this cannot be proven since there are no experimental tests conducted to 

capture the mode shapes. The coupled modes causing squeal in the tests could be damped by 

another component in the analysis, most likely caused by the FE model not correlating with 

reality. This is probably the explanation for no unstable modes being captured at around 6.5 

kHz in the analysis, which was the highest detected noise in the experimental test.  

By comparing the results in Table 5.6, it can be seen that the CEA are not capturing the same 

unstable modes as the tests, since the CEA are not detecting any frequencies from 6-8 kHz. It 

can be assumed the frequency around 8.6 kHz from the testing result corresponding to the one 

around 9 kHz in the CEA. Also, the one detected in testing around 1.7 kHz are most likely the 

one found at 2.4 kHz in the CEA.  

6.2.1 Effect of the friction coefficient 

By comparing the results from the effecting parameters on brake squeal, it can be determined 

the COF has the largest impact on the unstable modes. Figure 5-1 shows the number of 

frequencies is reduced when the COF is decreasing. Figure 5-2 shows a decreasing COF lowers 

the propensity for brake squeal. In other word, a higher COF are increasing the instability of 

the system. However, a lower COF since are also lowering the brakes performance. The result 

of an increased COF is increasing the tendency to squeal agrees with the results from previous 

reaches. 

6.2.2 Effect of the braking force  

The result of varying the braking force shows the number unstable modes are increasing with 

an increasing braking force (see Figure 5-4). Figure 5-5 shows the effect of the braking force is 

increased the damping ratio linearly at frequency 9.70 kHz. This implies that an increase of the 

braking force is increasing the tendency of brake squeal and it also agree with previous 

researches. The increase of squeal propensity is explained by the higher force are leading to 

higher values of contact stiffness between the pads and the brake disc.  

 

6.2.3 Effect of the Young’s modulus of the brake disc 

The effect of the Young’s modulus of the brake disc are shown in Figure 5-6  and it can here 

be seen that the number of frequencies is the same for the larger and the smaller value of the 

Young’s modulus. However, Figure 5-7 shows that the damping ratio is increasing with an 
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increasing Young’s modulus. The result is does on the other hand not show a clear picture how 

the Young’s modulus is affecting the tendency of brake squeal. The result might be affected by 

the model not correlating with reality. It could be assumed a larger Young’s modulus would 

decrease the squeal propensity, since a higher stiffness is making the brake disc more resistive 

to the input force and is reducing the vibration magnitude. In order to draw any conclusions, 

further testing has to be done with more values of the Young’s modulus. 

6.2.4 Effect of the Young’s modulus of the pads back plate 

The result of varying the Young’s modulus of the pads back plate shows in Figure 5-8 a 

decreased number of frequencies with a higher Young’s modulus. However, Figure 5-9 shows 

that the damping ratio is decreasing with a lower Young’s modulus. This implies that a larger 

Young’s modulus is increasing the tendency of brake squeal. This is explained by the fact that 

the friction material attached to the bake plate are softer and a lower Young’s modulus of the 

pads back plate would result in a more even deformation of the component.  

6.2.5 Effect of the Young’s modulus of the caliper 

Figure 5-10 shows that the number of unstable frequencies is lower for a lower Young’s 

modulus of the caliper. Figure 5-11 also shows that the damping ratio decreasing with a lower 

Young’s modulus. This implies that a lower Young’s modulus of the caliper will lower the 

propensity to squeal.  

6.2.6 Effect of the Young’s modulus of the carrier 

Figure 5-12 shows that a higher Young’s modulus of the carrier is decreasing the number of 

unstable frequencies. However, it is hard to draw any conclusions from Figure 5-13, since the 

line is going first up and then down again. The reduced number of unstable frequencies implies 

that an increase of the carriers Young’s modulus is decreasing the tendency of brake squeal, but 

the effect is relatively small.   

6.2.7 Effect of the velocity 

Figure 5-14 shows that the velocity is not an influencing parameter in this type of analysis. This 

agrees with theory of the solving method for CEA, based on Equation (2-1), since the COF are 

constant in this analysis. A constant COF result in the second term of the equation, which is 

depending on slide velocity, becoming zero and none of the other terms in the equation are 

depending on the velocity.  

6.2.8 Effect of adding damping 

One of the main disadvantages of the CEA method is its over-prediction of the unstable modes 

causing brake squeal compared to reality. The result in Figure 5-16 shows the number of 

unstable modes is decreasing from 20 to only 7, by adding damping. Since each component has 

a material damping, the over-prediction is minimized by adding damping to the model. 

However, further experimental testing is required in order to find all the components damping 
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coefficient, since if the damping it not corresponding with reality it will affect the results in an 

uncontrolled manner. Adding to much damping can lead to unstable modes not being captured 

in the analysis. 
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7 Conclusions 

It is hard to fully understand the cause of brake squeal and be able to minimize the brakes 

tendency to squeal, nevertheless, some conclusions can be drawn from the project:  

• In order to get a more accurate result with CEA, further improvements of the FE model 

are required. 

• The CEA method is part of the Co-simulation, so this is the first step to be able to use 

Co-simulation in the future, since the CEA method on its own have numerous 

limitations.  

• Model validation gives the FE model a better correlation to reality, if the geometry and 

the surface topography of the component is accurate.  

• The most effective way to minimize brake squeal is to lower the COF between the pads 

and the disc. However, it is also important to have in mind the reduced braking 

performance from a lower COF. 

• A higher brake force is increasing the brakes tendency to squeal; however, it does not 

have a large impact on the result. 

• The velocity is not affecting the result in complex eigenvalues analysis if the COF is 

independent to the velocity. However, this is not correlating with reality, since brake 

squeal is known to occur at lower speeds. 

• The change of Young’s modulus is affecting the result in different way depending on 

the component and it is hard to draw any general conclusion how it is affecting the 

tendency for brake squeal. By knowing how the change of stiffness is affecting different 

components modes to couple, the change of Young’s modulus is an effective way to 

prevent unstable modes. 

• By adding damping to the model, the biggest disadvantage of over-predicting the 

number of unstable modes for CEA is minimized. However, if the damping is not 

accurate it will lead to misleading results.  
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8 Future work  

This thesis is the first attempt for Volvo Trucks to model and simulate the brakes tendency to 

squeal and based on this evaluation, it can be concluded that further development is needed to 

better capture the brake squeal behavior. In order to achieve deeper understanding of the 

phenomena brake squeal and a FE model correlating better with reality, the following future 

work is recommended:  

• Experimental testing should be conducted in order to investigate the mode shapes 

corresponding to the unstable modes. 

• Model validation should be carried out for all the components individually, to get a 

model correlating better with reality. 

• The topography and the correct geometry of the pads should be included in the 

model, to get a better correlation with experimental testing.  

• Analysis with explicit method such as TDA or Co-simulation to capture the 

influence of the velocity. Co-simulation is the recommended method to further 

investigate, since it is a relatively new way simulate the brakes tendency to squeal 

and are combining the advantages of CEA and TDA.   

• The effect of different damping types should be investigated, to find the type most 

suitable for the components material damping.  

• Experimental testing should be conducted to find the components damping 

coefficient.  

• Model and validation should be carried out for the ingoing mechanism of the brake, 

in order to achieve a model correlating better with reality. 

• The impact of a COF depending on pressure, velocity etc. have on the result should 

be investigated and see how it correlates with experimental testing.  

• Examine of how the changes in parameters are affecting each other, in order to get 

a deeper understanding   
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Appendices 

A. Plots Modal Analysis 

 

Figure A-1. The FRF plot of the disc brake.  

 

Figure A-2. The FRF plot of the brake pads. 
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Figure A-3. The FRF plot of the assembly. 

 

Figure A-4. The harmonic response in ABAQUS for the assembly. 
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B. Tables Unstable Modes 

Standard values  

Table B.1. Values of the unstable modes with standard values 

 

Friction coefficient 

Table B.2. Values of the unstable mode with µ=0.3 

 

 

Table B.3 Values of the unstable mode with µ=0.4 
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Brake force 

Table B.4. Values of the unstable mode with F=24 kN 

 

Table B.5. Values of the unstable mode with F=72 kN 

 

 

Table B.6. Values of the unstable mode with F=96 kN 
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Table B.7. Values of the unstable mode with F=120 kN 

 

Velocity 

Table B.8. Values of the unstable modes with v=10 km/h 

 

Table B.9. Values of the unstable modes with v=30 km/h 
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Young’s modulus brake disc 

Table B.10. Values of the unstable mode with E=100 GPa 

 

Table B.11. Values of the unstable mode with E=140 GPa 

 

Young’s modulus brake pads 

Table B.12. Values of the unstable mode with E=150 GPa 

 

Table B.13. Values of the unstable mode with E=200 GPa 
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Young’s modulus caliper 

Table B.14. Values of the unstable mode with E=150 GPa 

 

Table B.15. Values of the unstable mode with E=200 GPa 

 

Young’s modulus carrier 

Table B.16. Values of the unstable mode with E=150 GPa 

 

Table B.17. Values of the unstable mode with E=200 GPa 
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Without damping 

Table B.18. Values of the unstable mode without damping 

 


