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Sammanfattning 

Tuffare regler på bränsleförbrukning tvingar idag fordonsindustrin att utveckla ny teknik. Utvecklingen 

av hybrid- och eldrivlinor föredras framför utvecklingen av förbränningsmotorn. Storleken på elmotorn 

i en hybrid- eller eldrivlina kan variera. För att spara vikt och kostnad används mindre elmotorer med 

samma enegitillförsel som för en större elmotor. Detta gör att elmotorn roterar snabbare. Högre 

rotationshastighet från elmotorn skapar utmaningar i designen av växellådan. Ljud, vibrationer och 

råhet (NVH) är några av dessa utmaningar eftersom det inte finns något maskeringsljud som täcker 

ljudet från växellådan och andra komponenter. Maskeringsljud är ljudet från t.ex en förbränningsmotor 

som föraren inte uppfattar som lika störande. Tonalt ljud från en växellåda kan uppfattas som mer 

störande än ljud med mer slupmässig karaktäristik. Därför måste det tonala ljudet hållas lågt i hybrid- 

och eldrivlinor. Det är därför intressant att simulera det akustiska beteendet från växellådor för att kunna 

uppskatta ljudsnivån och om det kan göras designändringar för att minska oljudet. 

I samarbete med AVL Söderälje har ljudnivån från en elbilsväxellåda simulerats. Växellådan var 

designad för 12000 rpm men har utsatts för rpm mellan 0-30000 under simuleringen. Under förstudien 

fastställdes det att variationen i transmissionsfelet är huvudorsaken till oljud. Transmissionsfelet kan 

definieras som skillnaden i utgångspostitionen av två ihopkopplade kugghjul jämfört med det ideala 

fallet då skillanden är noll. En avancerad modell har skapats i AVL ExciteTM som tar hänsyn till elastiska 

kroppar, det olinjära beteenedet av lager och kugghjulskontakter. När växellådans axlar roterar exciterar 

tranmissionsfelet systemet och vibrationerna färdas genom axlar och lagrer till växellådshuset. En 

ytintegral kan lösas för de vibrerande ytorna på växellådshuset och ljudhastighetsnivån (SVL) kan 

beräknas. SVL har samma magnitud som ljudtrycksnivån (SPL), vilket är vad det mänskliga örat 

uppfattar. 

Resultatet från simuleringen visade att SVL från växellådshuset ökade med varvtalet. Detta var tydligt 

i 1/3 oktavbandsgrafer som visas för sju olika hastigheter i vartalspannet. Under 5000 rpm, orsakades 

höga SVL nivåer huvudsakligen av den första och andra kontaktfrekvensordern från de två 

kugghjulsparen. Fenomenet minskade med högre varvtal och är troligen en effekt av att fler 

egenfrekvenser aktiveras vid högre vartal. Det kan också bero på att det finns en liten obalans i 

differentialen eller snedbelastning av kugghjulen. Vissa delar av växellådshuset visade höga nivåer av 

SVL vilket kan undvikas med hjälp av avstyvningar. Men istället för att lägga till avstyvningar så bör 

det läggas mer fokus på kugghjulsdesign och att minimera transmissionsfelet. 

Transmissionsfelet visade liknande variationer för de flesta varvtalen. Skillnaden var att formen av 

kurvan ändrades, vid högre rpm observerades en vågighet som tros vara en effekt av en liten obalans i 

differentialen. Större variationer i tranmissionsfelet var observerade i kugghjulsparet som kopplar ihop 

huvudaxeln med differentialen. Detta var väntat eftersom vridmomentet är störst där.  

Modellen fungerar för varvtal upp till 22500 rpm, över vilket vinkelhastigheten på differentialen inte 

når stabilt läge i simuleringen. Tiden att nå stabilt läge i simuleringen ökar med högre vartal vilket också 

ökar beräkningstiden. 
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Abstract 

Tougher regulations on fuel consumption are forcing the automotive industry continuously develop new 

technology to cope with the rules. Development of electric and hybrid drivetrains are often the preferred 

technology instead of the internal combustion engine. The electric motor in electric and hybrid 

drivetrain can vary in size. To save weight and cost, smaller electric motors can be used with the same 

input power as for a larger electric motor. This causes the speed of the electric motor to increase. The 

increase in speed of the electrical motor have some challenges. NVH (noise vibration harshness) is one 

of them, where in an electric vehicle there is no masking noise to cover the noise from the gearbox and 

other components. Masking noise can be the noise from the internal combustion engine that the human 

ear don’t perceive as annoying. It overwhelms the noise from components such as the gearbox or electric 

motor. Tonal noise from a gearbox can be perceived more annoying than noise with more random 

characteristic, such as wind and road noise. It must be kept low in electric and hybrid cars and it is 

therefore interesting to simulate the acoustic behavior of an electric gearbox to be able to predict the 

noise levels and if possible design changes can be done to reduce the noise. 

In collaboration with AVL Södertälje the noise emitting from an electric vehicle gearbox has been 

simulated. The gearbox was designed for 12000 rpm but was subjected to rpm between 0-30000 rpm 

during the simulation. The main source of noise was found from the literature survey to be the variation 

in transmission error. Transmission error can be defined as the deviation in output position of two 

connected gears compared to the ideal case where the deviation would be zero. An advanced model has 

been created in AVL ExciteTM that take into account flexible bodies, nonlinear behavior of bearings and 

gear contact. When the shafts of the gearbox rotates the transmission error excites the system and the 

vibration travel through the shaft and bearing to the gearbox housing. The surface integral is solved for 

the vibrating surfaces on the housing and the surface velocity level (SVL) can be calculated. SVL has 

the same magnitude as sound pressure level (SPL) that is what the human ear detects.  

Results from the simulation showed that SVL from the housing increased with the speed. In the 1/3 

octave band graphs shown for seven different speeds in the speed range, it was clear that SVL increase 

with the speed. Below 5000 rpm, higher SVL was mainly caused by the first and second order of the 

mesh frequency of the two gear pairs. At higher rpm this phenomenon decreased and is thought to be 

the effect of more natural frequencies of the system are triggered at higher rpm, that there is a small 

unbalance of the differential and, or edge loading of the gears. SVL show higher levels at certain areas 

of the housing that could be avoided with stiffeners. Instead of adding stiffeners, it should be more focus 

on gear design minimizing the transmission error.   

Transmission error shows similar levels for most rpm. The difference was the shape of the curve, at 

higher rpm a waviness was observed that is thought to be an effect of the unbalance in the differential. 

Larger variations were observed for the gear pair connecting to the differential. This was expected 

because of the higher torque.     

The model is valid to 22500 rpm, above which the angular velocity of the differential didn’t reach steady 

state in the simulation. The time to reach steady state in the simulation is increasing with higher input 

speeds thus increasing the computational time.    

Keywords: NVH, Transmission, High Speed, Gear, Noise, Transmission Error, Gearbox  
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Nomenclature 

σs Rotational thrust 

V Volume  

Pmech Power 

Tout Torque 

n Rotational speed 

r Pitch radius  

rb Base radius 

z Number of teeth 

cd Center distance 

i Gear ratio 

ω Rotational velocity 

pb Base pitch 

Βb Base helix angle 

pN Normal pitch 

TEang Angular transmission error 

TElin Linear transmission error 

θ Angular position 

d Damping  

η0 Dynamic viscosity  

Requ Resulting radius of the pitch circles  

xn Current position in backlash range 

bw Common face width 

Rz  Surface roughness  

jn Normal backlash 

vtangential Tangential velocity  

F Force  

μ Frictional coefficient  

δj Penetration depth  

DW or DW0 Mean diameter of rolling element 

A0,j Distance between outer and inner raceway surface  

ri, ra Inner and outer raceway curvature radius  

Aj Distance between raceway curvature radius centers  

K Stiffness  

MFrictional torque  Frictional torque 

X,Y Load factors 

P Equivalent dynamic load  

Lp Sound pressure level  

Lv  Sound velocity level  

p Fluctuating pressure 

p0 Reference sound pressure 

v Normal velocity  

v0 Reference normal velocity  
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Z0 Acoustic impedance 

c Speed of sound 

ρ Density  

T Period time 

f Frequency  

Δ Step time increment size 

Δf Frequency resolution  

A Area 

a Normal velocity  

ξ Damping ratio 
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1 Introduction 

In this chapter a brief background will describe why there is a need of writing the thesis. Limitations 

are described so that the reader will understand the boundaries of the work followed by a literature 

survey where previous work is presented. Then the objective is presented to state the goals for the 

thesis.  

1.1 Background 

Hybrid electric vehicles (HEV) and electric vehicles (EV) are becoming of more interest for automotive 

manufacturers. This is due to higher oil prices and tough fuel consumption regulations. EU has set a 

target for new passenger cars that in year 2021 new cars will only be allowed to emit 95 grams of CO2 

per kilometer. This corresponds to fuel consumption of around 4,1 l/100 km of petrol or 3,6 l/100 km 

of diesel. 2015 the target was 130 gCO2/km that corresponds to fuel consumption of around 5,6 liters 

per 100 km (l/100 km) of petrol or 4.9 l/100 km of diesel. The 2015 target was met in 2014 when the 

average emissions level was 123,4 gCO2/km. For heavy-duty vehicles (HDV) there is no CO2 emission 

legislation for newly-registered HDVs. Currently, emissions from HDV are being monitored so that 

future CO2 emissions can be regulated [1]. 

These increasingly tougher regulations are creating a demand for low energy/fuel consumption 

passenger cars and HDVs. HEV and EV are a good choice of technology to reduce or remove fuel 

consumptions and there are today many different designs and configurations. EV-cars can use 

renewable energy courses which further reduce the gCO2/km. Regenerative braking can be used instead 

of braking to make use the kinetic energy of the car when stopping to increasing the driving range. To 

increase the range of the cars lightweight materials and weight optimized components are constantly 

developed.  

Depending on the technology choice of transmissions, there are in cases a wish to increase the speed of 

the electrical motor significantly. The driving force of higher rotational speed can be explained by the 

fact that the size and the cost is determined by the torque of the electrical motor. To reduce the torque 

outT  for the same amount of power mechP , the speed n  is increased as can be seen in equation (1.1). 

Rotational thrust s  is relatively constant for the electrical motor and as the torque decreases the volume 

of the rotor decreases which will make the electrical motor smaller but also cheaper to fabricate [2]. 

The electric motor will be cheaper with increased speed, up to a certain speed where cost increase due 

to challenges of lubrication of bearings, mechanical stability and ability to handle high electrical 

frequencies [3].  

 
out

mech
s T

n

P
V 
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 (1.1) 

When increasing the speed of the electrical machine, there will also be some challenges:  

❖ NVH (noise vibration harshness) 

Due to the rise in speed, gears will mesh faster that increases the number of contacts per second. The 

gear meshing will generate noise due to variations in the transmission error (see Section 2.2). Other 

defects may cause higher noise levels if the speed is increased. This needs to be evaluated because 

higher noise levels from the transmission are undesired when designing HEV or EV. In internal 

combustion cars (IC-cars) the engine noise work as masking noise that decreases the annoyance level 
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of the transmission noise. As the IC-engines in HEV get smaller and there are no IC-engines (internal 

combustion engine) in EV and the interest of NVH-simulations increases. This is because earlier design 

changes to reduce noise are cheaper than testing on a prototype vehicle.  

 Heat generation 

The increasing amount of contacts per second will generate heat because of the frictional forces that 

arise between the surfaces of the gears. If the gears don’t have sufficient time to cool the temperature 

may rise to unwanted levels that may affect the system.  

 

❖ Lubrication  

High rotational speed of the gear may cause problems with lubrication. Due to the high speeds the oil 

will have problem stick on to the gear which may cause unlubricated area of contact that will increase 

wear rate significantly.  

❖ Bearings 

The bearings are a critical component of a gearbox and if the rotational speed is increased this may 

affect lubrication, heat generation, vibrations and other factors of the bearing. 

❖ Seals 

In order to sustain the oil in the gearbox or keep dirt out sufficient seals must be used. Increased 

rotational speed may cause problems in the contact between the seal and the rotating shaft. High surface 

to surface speed generates heat and the seal must be able to withstand this heat to be able to operate.  

1.2 Gearbox Noise Introduction 

Noise is a term for unwanted sound in engineering applications and is strived to keep at a minimum. It 

arises from a source that vibrates and excites a panel which emit airborne noise. Airborne noise can be 

defined as an oscillation of pressure in the air. The pressure oscillation is caused by a vibrating panel 

that act like a loudspeaker.  

The path of noise from a gearbox to the driver or passenger ear is complicated. It starts with the gear 

where multiple vibration sources excites the system. These sources are summed to form the transmission 

error (TE)[4]. The transmission error (TE) is the main source of excitation in geared systems according 

to [4-8]. Reference [5] also mentions the variation in mesh stiffness as excitation source and that the TE 

is a result of mesh stiffness variation. This will be described in section 2.2.  

The vibrations are transferred through the shaft to the bearings and then to the gearbox housing. The 

housing can be sensitive to vibrations and emit noise if it contains large panels that can be excited. The 

airborne noise can reach the driver and passengers if the driver compartment isn’t sealed off from the 

gear housing. The other path of noise arises from structure borne noise. The structure borne noise is 

caused by vibrations transmitted from the gearbox housing through the mounting and into the car body. 

The car body contains numerous large panels that acts as loudspeakers if excited. To reduce the noise 

level of a gearbox vibration insulators are normally used to prevent vibrations reaching the panels. The 

insulators are normally placed in the mountings to prevent the vibrations reaching the car body [4].  

There are many different types of noises associated with gears and gear whine noise is one of the most 

important. It is caused by the gear mesh frequency and its multiples (harmonics) [5]. It is perceived as 

tonal noise because of the periodic behavior of the gear meshing [6]. For humans, this noise can be 

much more annoying compared to noise with more random characteristics. Gear rattle noise is another 

source of noise caused by idle gears (gears that are not transferring power) that are vibrating in the 

backlash range [7]. Gear rattle is a problem in gearboxes with multiple gear sets that are shifted to get 

different output speed, such as a manual and automatic transmission. Low-frequency torque fluctuation 

caused by electric motor or combustion engine can be critical factor of gear rattle on unloaded gear 

pairs [9]. In an EV-transmission with one fixed transmission ratio there will be no idle gears and the 

noise is mainly caused by gear whine.  
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There are other sources of noise that originate from unbalanced shafts that that result in low frequency 

vibrations, ghost components that disappear after running-in and noises that originates from faults in 

roller element bearings [6]. Focus should be put to reduce gear whine noise to reduce the overall noise 

of the gearbox.  

To understand the problem with noise from gearboxes in EV’s and HEV’s it is important to compare it 

with noise from ICE cars. Reference [10] did a literature survey of noise from electric vehicles and 

compared different articles and concluded that the external sound pressure level (SPL) from HEV’s and 

EV’s compared to ICE cars only differs at low speeds. Pass-by tests are performed to measure the SPL. 

The vehicle is accelerated or driving at constant speed whilst a microphone is placed at the side of the 

road measuring the SPL while the vehicle is passing. At higher speeds the main source of noise is caused 

by the tire/road noise. At lower speed the dominating sources of noise is the driveline and HEV’s and 

EV’s show lower noise levels. Reference [10] also discussed the frequency content of noise from EV’s 

and it showed that the highest noise levels are in the middle to high frequencies, 500-2000 Hz for middle 

and >2000 Hz for higher. These sounds can be heard as single tones and may be perceived as annoying.  

To reduce noise from a gearbox, multiple studies and suggestions have been done to solve the problem. 

Reference [8] did a literature survey on gear noise and vibrations and concluded that the TE is the main 

source of noise and must be kept as low as possible. There have been many proposals to keep TE low 

where micro modifications of the gear flank, large helix angles and wide gears are used to reduce the 

noise. 

 Reference [11] proposed a special type of flank modification to reduce TE and managed to reduce noise 

of the first order of gear mesh frequency but no reduction of noise of the second order. 

Reference [12] developed three gear geometry layouts for a high speed E-drive with a speed of 30 000 

rpm and compared it to a reference layout. The low-loss gear geometry showed low transmission errors 

which is promising for low noise levels but the dynamic response was greater than the reference gear. 

The main difference between the low-loss gear and the reference gear is more teeth, larger pressure 

angle and smaller helix angle (Read section 2.1 for gear geometry definitions). The other gear geometry 

layouts were based on super and subcritical design. Supercritical design is referred to as a gear where 

the mesh frequency is higher than the natural frequency of the gear, thus not allowing resonance in the 

system. Subcritical is the opposite where the mesh frequency is lower than the natural frequency which 

often is the case. The supercritical design showed a smaller dynamic response than the subcritical in the 

higher rpm range but larger than the reference.  

Reference [13] proposed gear whine noise reduction technology for a hybrid vehicle where the focus 

was to optimize a part of the housing and the vibration transfer path. The result was decreased noise 

emitting from the gearbox by using a curved outer shape on the housing rather than a straight and change 

the vibration transfer path.  

Reference [14] focused on optimizing the topology of an EV-transmission housing with respect to 

minimize gear misalignment which is a contributing factor to TE according to [4]. This procedure could 

be done to minimize noise.  

Reference [15] created a gear whine excitation model of an EV-transmission and showed the dynamic 

response of the system between 0-3000 Hz. The result concluded that the dynamic response of the 

system was strongly dependent of the mesh frequencies and their harmonics. [15] also concluded that 

TE was strongly dependent on the applied torque. The limit of 3000 Hz was set by the solver settings 

and recommendations was made to increase the frequency on the cost of longer computational time.  
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1.3 Limitations 

Because of the limited time of this master thesis, all parameters in section 1.1 can’t be evaluated 

properly. In this master thesis the NVH aspect when increasing the speed of the electrical machine will 

be covered. 

From section 1.2 it is concluded that the TE is the dominating source of noise in a gearbox. To get a 

better understanding of the problem, TE must be simulated or tested in a high speed gearbox. Physical 

testing would give the best result but is not available so a simulation of the problem is preferred. Testing 

the parameters in a simulation environment has a number of benefit, such as early detection of faults in 

design stage and input parameters can be changed easily. The drawbacks are model inaccuracy, 

estimation of parameters and simplifications. Reference [8] concluded that predicting the dynamic 

response of a gearbox with housing often need a finite element modelling approach to be reasonable 

accurate.  

1.4 Objective 

As can be read in section 1.2 there are many ways of reducing noise from a transmission. What happens 

when the speed of the gearbox increases is need to be investigated and it is critical to get an 

understanding of the problem and what parameters that are the most critical to ensure a quiet ride.  

The objective is to evaluate relevant design parameters for a high speed electrical gearbox which is to 

focus on in system design regarding NVH. Result of evaluated parameters should end up in a general 

knowledge in how these parameters affects the system. The evaluation is done studying existing high 

speed designs, simulation methods and finally the parameters will be tested in a simulation environment 

on an existing gearbox. The result will be compared to existing theories and works and a discussion will 

be made about the simulation accuracy and future work. 

A simulation model of the gearbox described in section 3.1 is created and takes into account the 

parameters that resulted from the literature survey that are summarized in Table 1.1.  

Table 1.1. A summary of the parameters and elements from the litterature survey that are going to be evaluated 

in the simulation  

  

The following questions will be answered regarding NVH on an EV-transmission used for high speed 

application: 

 How does the expected results in Table 1.1 change with the rpm? 

 Is the model valid for high speed applications? 

 How well does the software handle high frequency simulations? 

 What can be done to reduce noise on the simulated gearbox? 

 How well does a low-speed gearbox handle higher speeds? 

 

- - Transmission error (TE)

- Gear flank forces

- Near field SPL

- Contact model of gear pairs - Resonance frequency of structural parts

- Joint model for bearings - RPM-SVL-FREQUNECY relationship  

-

Relevant structural parts (house 

assembly, shaft assemblies, differential 

assembly) 

Variable input speed and torque 

boundary conditions.

Expected resultsElements in model
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2 Theory 

In this chapter the theory around the models and definition that is going to be used in the simulation 

is presented. 

2.1 Gear Geometry and Definitions 

When trying to understand dynamic gear models it is important to know the basic theory and 

terminology about gears. Gears are used in many applications to transmit torque between rotating shafts. 

They do so by using cut out teeth that mesh with another toothed part on the countershaft. Depending 

on the diameter of the gear wheel, different gear ratios can be achieved and can be used to change the 

torque, output speed and direction of motion of a system. Two or more gears working in a system is 

called a gear-train or transmission, where the smaller of gear wheel is called pinion and the large gear 

wheel is called gear. To enable a constant output speed the gear teeth must have a certain geometry that 

satisfy this condition and the involute shape is the most common geometry. The involute shape can be 

defined as [4] 

“An involute is defined as the path mapped out by the end of an unwrapping string “ 

and is visualized in Figure 2.1.  

 

Figure 2.1 The involute geometry of a gear. 

 

   

Figure 2.2 a) Spur gear b) Helical gear 



6 

 

The two most common gears types in a gearbox are spur and helical gears. Spur gears are the more 

simple gear because of the straight teeth geometry that runs parallel to the shaft, see Figure 2.2 a. Spur 

gears are used in transmissions where high efficiency is critical and noise levels are of no concern. They 

are also easier and cheaper to manufacture. Helical gears have a more complicated geometry where the 

gear profile runs with a twisting angle around the shaft, see Figure 2.2 b. Because of this, the gear teeth 

meshes continuously which reduce the noise levels and increase the load bearing capacity. The 

drawbacks are reduced efficiency and axial forces caused by the angular geometry of teeth. Extra 

concern has to be taken into account in bearing and housing design because of the axial forces. The 

bearings has to withstand the axial forces or the design has to be modified so that the axial forces are 

counteracted by for example another gear which apply forces in the opposite direction [4].  

Two gears in pair can be seen in Figure 2.3. The center distance 𝑐𝑑that is the distance between the two 

rotating axes can be used with the number of teeth from gear 1 𝑧1and gear 2 𝑧2to calculate the pitch 

radius 𝑟1and 𝑟2using equation (2.1) and (2.2).  

 

1
1

2
1





z

z

c
r d  

(2.1) 

 

1
2

1
2





z

z

c
r d  

(2.2) 

𝑧2

𝑧1
 in equation (2.1) and (2.2) is called the gear ratio 𝑖 and describe for example how much the torque or 

speed changes in the system. To calculate the gear ratio a number of variables can be used. It can be 

calculated by using the pitch and base radius  

 

1

2

1

2

b

b

r

r

r

r
i   (2.3) 

or by using the angular velocity  

 

2

1




i  (2.4) 

where 𝜔1and 𝜔2and the rotational velocity of gear 1 and 2.  

The base radius 𝑟𝑏1and 𝑟𝑏2can be calculated using the pitch radius and the pressure angle 𝜙, equation 

(2.5) and (2.6). The pressure angle can be defined with the angle between the tooth face and the pitch 

circle or the angle between the pitch point 𝑝𝑝and the line of action. Standard values for pressure angle 

is around 20°. The line of action is the line between point a and b in Figure 2.3 which are both tangential 

to base circle. All of the contacts when the gears are meshing happens on this line.  
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 cos11 rrb   (2.5) 

 cos22 rrb   (2.6) 

The base pitch 𝑝𝑏 is another important geometrical definition of gears that describe the amount of length 

per unit teeth or the circular distance measured on the base circle between the points on a tooth to the 

same point on the adjacent tooth, equation (2.7). 
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  (2.7) 

 

Figure 2.3 Fundamental sketch of a gear pair showing pitch circle, base circle, line of action, pressure angle 

and center distance. 

The plane of action can be defined by the width and the line of action of the gear, Figure 2.4 and Figure 

2.11. On this plane the lines of contact can be drawn with a spacing of 𝑝𝑁between them. When the gears 

are rotating the lines of contact are moving along with line of action. For helical gears the lines of 

contact are not perpendicular to the moving direction, instead they have a base helix angle 𝛽𝑏. This 

angle is somewhere in between 0° and 45°. 𝑝𝑁 is called the normal pitch and is calculated according to  

 )cos( bbN pp   (2.8) 
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Figure 2.4 The plane of action with the line of contact with β_b for to helical gear in contact. 

Backlash is another important geometrical factor of gears. Backlash can be defined as the gap between 

the two gear flanks that are not in contact, Figure 2.5. A gear pair with perfect involute shapes of the 

teeth have no backlash. This is not achievable in reality and backlash is needed for lubrications 

purposes.  

 

Figure 2.5 Backlash is the distance between two gear flanks when not in contact.  

 

2.2 Transmission Error and Mesh Stiffness 

The main excitation sources of gear noise are considered to be the transmission error and the variation 

in mesh stiffness [4-8]. TE can be explained by comparing it to two identical gears with perfect involutes 

and infinite stiffness. For the ideal case the output speed would be the same as the input speed because 

the output speed would be a function of the gear ratio and the input speed. For the real case this is not 

true because of variations from the correct position of the output, this is the TE. The variation depends 

on intended and unintended geometry modifications from manufacturing causing the gears not to have 

a perfect involute geometry [4] or other factor listed in Table 2.1[4]. 
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Table 2.1 Contributing factors to transmission error 

  

There are also variation from the correct output position caused by the variation in mesh stiffness. The 

mesh stiffness is the stiffness of the gear teeth in contact and changes depends on the rotational position 

of the gear. More specific, when the gear is rotating the number of teeth in contact vary which cause 

the fluctuation of the stiffness. (The average amount of teeth in contact is called contact ratio (CR) and 

has a value >1.2[16]). The finite stiffness of the gear mesh causes the gears to deflect that adds to the 

TE. Depending on the amount of teeth in contact, the force will be distributed between them and the 

deflection will be less when more teeth are in contact and more when fewer are in contact [4]. Mesh 

stiffness can be defined as the load applied to the mesh divided by the total deflection of the mesh [17]. 

TE can be calculated according to  

 
)()( 2

1

2
1 t

r

r
tTE

b

b
ang    (2.9) 

for the angular displacement and  

 )()( 2211 trrtTE bblin    (2.10) 

for the linear displacement. Where 1br  and 1br  are the base radius and 1  and 2 are the angular position 

of the two gears shown in Figure 2.6.  

If the TE and mesh stiffness are fluctuating large amount it increase the noise level because of the large 

vibrations caused by the fluctuations. To keep noise levels down it's essential to reduce variations of 

TE and mesh stiffness to a minimum. One usual way to reduce the noise of gears is to have a higher CR 

that will increase the number of teeth in contact and therefore lowering the fluctuation in stiffness [16]. 

There are also modifications that can be made that are called micro geometries. These small geometrical 

changes can be made to compensate for the elastic deformation in the contact. Examples of micro 

geometries are tip and root relief, crowning and end relief.  

 

 

- Pinion/Gear distortion 

- Pinion/Gear movement

- Pinion/Gear tooth deflection

- Pinion/Gear profile accuracy

- Pinion/Gear pitch accuracy

- Pinion/Gear helix accuracy

- Gearcase deflection

- Gearcase accuracy

- Thermal distortions

Contributing factors to 

transmission error



10 

 

 

Figure 2.6 Transmission error illustrated 

2.3 Simple Models of Gear Contact 

There are a number of ways to mathematically describe gear contact. In this section simple models will 

be described to get an understanding how they work and how they evolved.  

One way to describe the interaction of meshing gears was done by [18]. Two rigid discs representing 

the gears are connected with a spring representing the mesh stiffness, Figure 2.7. The stiffness is time 

dependent because of varying amount of teeth in contact. The excitation of the system is caused by the 

TE that is quantified as the linear motion along the line of action.  

 

 

Figure 2.7 Model proposed by [18] with two rigid disks connected with one spring representing the varying 

mesh stiffness. 

The model described by [19] is further refining the model by introducing damping and TE, see Figure 

2.8. The gear mesh is described by backlash and by a time invariant mesh stiffness. Backlash is defined 

as the error in motion when a gear change direction. To implement this in the model the mesh stiffness 

was set to zero when the gears ceased to be in contact and otherwise constant. [19] proposed 

improvements of the model and one was to incorporate the varying mesh stiffness.  
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Figure 2.8 Model proposed by [19] with two rigid disks connected with one spring representing the time 

dependent mesh stiffness, an excitation caused by the TR and one damper representing the mesh damping. 

There are more complex models described by [20] which take into account the three dimensional 

representation of forces and moments generated and transmitted via the gear mesh interface. This make 

it possible to study the influence of backlash and micro modified tooth flanks. To get closer to reality 

an advanced model need to be taken into account and in section 2.4 an advanced dynamic gear model 

is described that is going to be used throughout the simulation.  

2.4 Advanced Cylindrical Gear Joint 

 

Figure 2.9 Reference node and coordinate system definition for ACYG contact joint. 

 

In order get an adequate representation of a gear contact the Advanced Cylindrical Gear Joint (ACYG) 

is used. The contact model is described thoroughly in the theory manual of AVL exctieTM Power Unit 

[21]. In this section an overall description of the model is presented.  
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ACYG can be used for cylindrical spur and helical gears with parallel axis and is appropriate to use 

where the contact of the gear flank surfaces play a major roll. The contact joint connects two bodies 

that are called pinion and gear. Normally the pinion has a lower amount of teeth than the gear but there 

are no such restrictions in this model so it is possible to have a lower amount of teeth on the gear 

compared to the pinion.  

The model consists of two reference nodes, one is the pinion reference node and the second is the gear 

reference node. The coordinate system of the gear contact has its origin in the pinion reference node 

where the x-axis is the vector between the two reference nodes, z-axis in the axial direction of the pinion 

and the y-axis is in the direction defined by x and z-axis using the right hand rule as can be seen in 

Figure 2.9. 

To model the contact, the gear flank area is cut in to slices along the gear/pinion width direction. These 

slices are connected to internal contact nodes and are used to get a resolution of the contact across the 

width of the gear/pinion flank. The number of slices per internal contact node can be varied depending 

of the type of gear. The contact can be described as a series of uncoupled spur gears (one slice = one 

spur gear) for an easier understanding of the system. Helical gear generally needs more slices because 

of the complex geometry. The slices are treated as uncoupled to adjacent slices and are only connected 

to the internal contact nodes. The internal connection nodes are coupled to the connection nodes. A 

connection node is a node in the gear shaft and is used to connect the gear joint to the shaft. Note, there 

can be more than one connection node for each gear. A schematic view of the discretization is shown 

in Figure 2.10. 

 

Figure 2.10 The discretization of the gear/pinion.[21] 

The drawbacks using this model is that it connect to the shaft via the connection nodes and then 

distribute the force/displacement to all the teeth of the gear wheel using a distributing coupling. This is 

not what happens in reality where only the teeth in contact are subjected to the force. This approximation 

may excite the wrong mode shape of the gear shaft assembly that might affect the result of the dynamic 

analysis, but to what extent is beyond the scope of this thesis.  

To detect the contact in the ACYG one assumption has been made. The contact of the gear/pinion flanks 

has to take place in the current plane of action. This is done to ensure that the contact detection method 

perform in an optimal way. The line of contact between two teeth is determined by two points that are 

expressed with two parameters, t1 and t2. t1 express the width direction and t2 the height. In Figure 2.11 

and Figure 2.4 the points are marked with red dots.  
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Figure 2.11 Line of contact is the line between two points expressed in (t1, t2) on the surface of action. t1 is zero 

at one side of the gear increases along with the width of the gear . t2 is zero at the base circle increases with the 

radius.  

As described in section 2.1 there are commonly more than one line of contact when gears are meshing 

and the information of the location of these contact lines are used to calculate the displacement of 

individual slices. The displacements is expressed as penetration areas and take into account flank 

modifications. If more slices are used the resolution of the flank increases and the effect of flank 

modification can be simulated. In Figure 2.12 the deformation field constituted by the penetration area 

is shown for a gear pair in contact. The bars represent the slices and it is possible to see how the 

deformation changes depending on the position on the tooth flank.  

 

Figure 2.12 The deformation field of gear and pinion in contact where the bars are representing the 

deformation field.  
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To calculate the elastic mesh forces for each slice the penetration area and the width of the slices are 

used. The elastic mesh force is calculated separately for each slice not taking into account the adjacent 

slices. The force-displacement relation of the contact pair is described by implicit, nonlinear relationship 

and consider flank contact, tooth tilting and tooth bending seen in Figure 2.13. For solving the elastic 

mesh force on the flank an iterative process is needed.  

The tooth tilting and bending is calculated using the Weber/Banachek approach [22]. The tooth is 

approximated as a cantilever beam rigidly attached to the wheel body when calculating the tooth 

bending. The tooth tilting is calculated assuming the tooth as rigid and the wheel body as an elastic 

cylinder.  

Flank contact is described with Hertzian theory modified by Petersen [23]. This flank contact can only 

be used on spur gears and not helical gears but as mentioned above helical gear are modeled as multiple 

spur gears that make it possible to use the theory. The mating flanks are seen as two cylinders pressing 

at each other. The involute shape of the tooth flank is approximated as a circular shape that make 

Hertzian theory possible to use. The size of the two cylinders are much larger than the actual teeth and 

Petersen modified the Hertzian contact taking it into account.  

 

Figure 2.13 Flank contact, tooth tilting and tooth bending are considered in the force-deformation relation of 

the gear teeth contact. [21] 

Damping in the contact depends on the time derivative of the penetration area called penetration 

velocity. Different approaches are used depending on if the penetration is negative or positive. If the 

penetration is negative contact damping is used and if positive the backlash damping is used.  

The backlash damping can be approximated using the Peeken approach[21]. This empirical approach 

take into account the dynamic viscosity of the oil 0 , the resulting radius of the pitch circles equR , the 

current position in backlash nx  and the common face width wb  of the pinion and gear. Equation (2.11) 

is used to calculate the backlash damping  mNsd / with varying nx .  
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 (2.11) 

nx  is varying between the surface roughness zR and the defined normal backlash nj .  
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The contact damping is defined by equation (2.12) with the backlash damping when zn Rx  .  

 
zRbacklashcontact dd ,5.1   (2.12) 

For describing the frictional part of the ACYG joint Coulombs law is used, equation (2.14). The 

frictional force frictionF  is computed for each slice and the direction of the force is directed perpendicular 

to the plane and line of action. If the force is positive or negative depends on the tangential speed of the 

gear Geartangetial,v  and pinion Piniontangetial,v [21]. 

 
Piniontangetial,Geartangetialtangetial vvv  ,  (2.13) 

 

tangential

tangential

Elasticfriction
v

v
FμF   (2.14) 

  is the fictional coefficient and ElasticF  is the elastic force calculated from the tooth contact.  

2.5 Tapered Roller Bearing Joint 

To create a realistic dynamic model of a rotating system containing roller bearings the model describing 

the bearing must be accurate. All vibration excited from the shaft travel through the bearing to reach 

the housing. Bearings experience non-linear behavior caused by radial clearance between the raceway 

and the rolling elements, the variation of load bearing elements and other effects such as manufacturing 

errors. Many models have been created to estimate the non-linear behavior of roller bearings using 

different approaches, for example [25] and [26].  

AVL ExciteTM Power Unit support two predefined roller bearing models. BEARINX-Map is a model 

where the data is supplied from an external source and is considering the bearing reaction in terms of 

forces and moments. The second model consider several types of bearings and will be described to get 

an understanding of the limitations of the modelling approach. A detailed description can be found in 

AVL ExciteTM Power Unit theory manual [21]. 

The model consider outer and inner raceway (cup and cone Figure 2.14) as two characteristic circles 

that are connected with a center connection node respectively in the bodies supporting the bearing. The 

connecting nodes have six DoF but the characteristic circles positions and orientations are invariant to 

the motion of the nodes. The characteristic circles are shown in Figure 2.14.  
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Figure 2.14 The inner and outer characteristic circle for the bearing 

To model the contact force-penetrations relationship different contact approaches can be used. For 

spherical roller element a Hertz’s approach is used to describe the contact between the roller and the 

raceway. Bearings with cylindrical roller elements uses a force-penetration relationship according to 

Kunert [24]. Kunert calculated the pressure distribution between the cylindrical roller and the plane 

taking into account the ends of the roller. To reduce the stress concentration at the end of the cylinder 

the roller element has a “barrel” geometry (rounded edges). This modification change the pressure 

distribution when a cylinder is pressed against a plain surface as can be seen in Figure 2.15 a) compared 

to Figure 2.15 b) where the cylinder has a sharp corner [27].  

 

Figure 2.15 a) Pressure distribution of a cylindrical body with a rounded edge. b) Pressure distribution of a 

cylindrical body with a straight edge. 
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To simulate the force acting on each roller element the penetration 
jδ has to be defined. 

jδ  can be 

calculated by the mean diameter of the rolling element WD  (or 0WD for tapered roller bearings) 

subtracted by 
jA ,0
 that is the distance between the outer and inner raceway surface, equation (2.15).  

 
jwj AD ,0
 

(2.15) 

jA ,0
 is calculated using ir  and ar  that is the inner and outer race curvature radius subtracted by the 

distance between the radius centers 
jA , equation (2.16). 

 
jaij ArrA ,0
 (2.16) 

ir  and ar  are constant and
jA  distance between the contact nodes in the connected bodies. Depending 

on the direction of the node movement the values of 
jδ will be negative or positive. If a positive value 

is obtained it indicates contact penetration and the force can be calculated using equation (2.17). If 

negative it indicates separation and the contact force is zero, equation (2.18). It is assumed that the 

deformation is purely elastic and the total stiffness of the rolling element is jtotalK , .  

 00 ,  jelastj F  (2.17) 

 
jjtotaljelastj KF   ,,0  (2.18) 

Material parameters has to be defined for the roller element, inner and outer raceway of the bearings. 

These elements are seen as purely elastic and the material properties can be seen in Table 3.3 where the 

material properties are the same as for the “bearing housings” in the table.  

For the load dependent friction torque the friction coefficient  , bearing bore diameter d , and 

equivalent load factor X  radial and Y  axial must be defined. The load dependent frictional torque 

torquefrictionalM ,  can be calculated according to  

 
axialradial FYFXP   (2.19) 

 dPM torquefrictional  5.0,  (2.20) 

where P is the equivalent dynamic load resulting from the radial radialF  and axial axialF  force in 

bearing multiplied with dynamic load factor of the bearing.  
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2.6 Condensation 

The amount of unknowns in a FEM model can be large if it consist of multiple bodies with detailed 

mesh. This will increase the time for the solution to converge that is crucial in many cases where 

multiple simulation runs has to be performed. To sufficiently reduce the calculation time a condensation 

of the bodies can be done to reduce the amount of degrees of freedom, thus reducing the amount of 

unknowns. A condensation step is done prior to the dynamic analysis and when done it can be used for 

all simulations of the system without needing to solve it again. This ads a simulation step but decrease 

the overall simulation time.  

When a part is condensed it has eliminated all nodes and DoF except those needed to connect the part 

to the rest of the model. These nodes and DoF are called retained nodes and DoF and are defined before 

the generation of the condensed part. The connection between the retained nodes and DoF are defined 

by mass, stiffness and damping matrices. These matrices connect the retained nodes and DoF and 

describe the response within the condensed part by a linear perturbation about the original state of the 

substructure. For better approximation of the dynamic behavior of the condensed part the DoF of the 

natural modes can be included. These modes are calculated before the condensation in a natural 

frequency extraction. [28]  

 

2.7 Human Perception of Sound Pressure Level 

The human ear does not perceive sound of different frequencies equally. It can hear frequencies between 

20-20 000 Hz and are more sensitive to sound in some frequency intervals. The most sensitive interval 

is between 2000-4000 Hz and at lower/higher frequencies the sensitivity decreases [29]. Depending on 

the SPL the ear respond differently to the same frequency. Therefore different weightings have been 

established and are used in different applications. dBA and dBC are the most common weightings used 

for measuring SPL and they are created for different levels of SPL. The weighting factors are added to 

the measured SPL and are calculated using a formula or tabulated values. In Figure 2.16 the dBA 

weighting is shown. For calculating the dBA from dB the “Gain dB” is added to the measured dB. dBA 

is used for noise measurement for low SPL, for example in measurements of industrial or environment 

noise levels. dBC are typically used for high SPL and are used for measurement of peak sound levels 

[30].  

 

Figure 2.16 dBA weighting, based on the human perception of sound pressure level. 
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The result from an acoustic analysis is normally the sound velocity level (SVL) but when talking about 

noise SPL is more commonly used. SVL is also measured in dB but is referring to the normal velocity 

of the medium oscillating around its original position in the direction of the sound wave. SPL and SVL 

can be calculated according to 
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p  and 0p  are the fluctuating pressure and the reference sound pressure. v  and 0v  are the normal 

velocity and the reference normal velocity[31].  

The relation between p  and v  is 

 

0Z

p
v   (2.23) 

where 0Z  is acoustic impedance that often can be assumed constant. It can be calculated according to  

  cZ0  (2.24) 

where c  and  are the speed of sound in the medium and the density [31].  

2.8 Fast Fourier Transform 

Fourier transformations are used to deconstruct a periodic function g(t) into sinusoidal components. 

This means that the periodic function is expressed in terms of an infinite number of sinus and cosine 

terms or with complex terms [32]. These deconstructions are called real and complex Fourier series and 

is expressed as 
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where T  is the period time and 0a , ma  and nb are expressed as  
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For the complex Fourier series nc is expressed as  
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When the sign signal is non-periodic the Fourier series can’t be used and instead the Fourier integral 

are used. Fourier integral let the period T  and forming a pair that describe the wave in the real 

domain and frequency domain. If one is known the other can be calculated [33]. Equation (2.26) and 

(2.30) can be rewritten as  

 





 dfefPtp fti )2()()( 

 (2.31) 

 






 dtetpfP fti )2()()( 
 (2.32) 

where Tf /1 that is the frequency, )(tp correspond to )(tg and )( fP  correspond to nc . Equation 

(2.31) and (2.32) only works for continuous functions and the result from a dynamic analysis are 

discrete real values with a spacing equal to the step time. Therefore equation (2.33) and (2.34) have to 

be used and are called discrete Fourier transform (DFT) [34]. 
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The function )(tp  is discretized )()( ktptp   by letting )( kk tpp   where  ktk .  is the step 

time increment size and 1,..,2,1,0  Nk represent the number of the sample point where N is the total 

amount of equally spaced sample points. For a DFT of a sequence containing real numbers, kp  contains 

real values, rNP  and rP  have the relation 

 
rrN PP   (2.35) 

for 1,..,2,1,0  Nr where rNP   is the complex conjugate of rP . The total time of the simulation and 

the frequency resolution can be calculated according to 
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 (2.36) 

where f is frequency resolution of the DFT.  

But as mentioned above rNP   is the complex conjugate of rP  so the frequency spectrum components 

from a DFT of a sequence containing real numbers is going to be 12/ N  components. 

The algorithm for solving DFT need to solve
22N equations and becomes costly when N  increases. 

Fast Fourier transform (FFT) is another algorithm that is used for solving the DFT and that reduce the 

computational cost. The number of computations needed are NN 2log2 [34]. 

DFT and FFT can construct a periodic waveform of frequencies up till the Nyquist frequency which is 

defined as  

 



2

1
Nyquistf  (2.37) 

Nyquist frequency is one divided by twice the sample rate and should equal or higher than the highest 

frequency of interest to be able to construct the periodic waveform of that frequency. A problem that is 

called aliasing can occur under the Nyquist frequency. This happens because if the sample rate is low a 

wave with a specific wavelength can be mistaken for a wave with a smaller wavelength if the two waves 

fit the same sets of samples as can be seen in Figure 2.17. This can be avoided using filters that removes 

frequencies above the Nyquist frequency.  
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Figure 2.17 Two waveforms that fit the same sets of samples [35]. 

The most common problem with FFT and DFT is spectral leakage. This happens when the sampled data 

contain frequency components that don’t match the components in the DFT frequency spectrum. These 

frequencies will be spread out between adjacent frequencies in the DFT frequency spectrum and is hard 

to avoid [36]. Leakage can be lowered using certain window functions. Widowing function are used on 

FFT to minimize the effect of the discontinuities at the edges of the sampling interval. This will reduce 

the leakage but not entirely.   

2.9 Surface Integral  

When performing a dynamic analysis of a gearbox it is interesting to extract the sound velocity level 

(SVL) of selected surfaces. This can be done using the surface integral if the velocities of the surface 

nodes are known. Before solving the surface integral a FFT, described in section 2.8, is performed in 

order to transform the velocities of the surface nodes to the frequency domain. This makes it possible 

to calculate the SVL for each frequency. SVL refers to a logarithmic measurement of the surface 

velocity compared to a reference value 
8

0 105 v m/s. This value is used as standard for AVL in order 

to establish a uniform basis for the expression of acoustical and vibratory levels.  

For calculating the SVL the mean velocities of the surface nodes has to be calculated according to  
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where iv  is the individual node velocity of a surface patch (surface element area) and patchn  is the 

number of surface nodes in the patch. Then the SVL of the selected area can be calculated according to  
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where 0A  is the reference area and jA  is the surface element area[21].  

When studying the acoustic behavior of an object in the frequency domain it is sometimes unpractical 

to look at one frequency alone and therefore octave bands are used. An octave band is used in order to 
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compact the frequency results into bands. An octave band is defined as the upper frequencies is twice 

the number of that of the lower frequency in the band [37]. Often 1/3 octave bands are used instead if 

the octave bands to get a more detailed information of the frequency spectrum but more compact than 

looking at one frequency at a time. The surface integral can be solved for a frequency band using  
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where 
bandfreq_

 is taking into account all the frequency in the band with respective mean surface 

velocity[21].  

SVL from different sources can be combined using   
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where N  is the number of surfaces and nL is the SVL for an individual surface.  

2.10 Rayleigh Damping 

All bodies have some sort of internal damping and Rayleigh damping can be used to incorporate the 

damping into a FE model. The damping matrix used in the dynamic equation for finite elements can be 

calculated using  

 KMC 21    (2.42) 

where C is the damping matrix, M is the mass matrix and K is the stiffness matrix. 1  and 2 are 

constants [38]. These constants can be calculated using the damping ratio   and the frequency f  

using  
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where two frequencies and damping ratios need to be known or measured from the actual system.  
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3 Methodology 

This chapter describes the methodology used in the simulation. Relevant parameters and detailed 

descriptions are listed to understand the simulation procedure. 

3.1 Description Gearbox 

The gearbox geometry that was used in the simulation was designed by Vicura in Trollhättan. The 

gearbox was made for an EV-car with one electric motor. The difference between this EV-transmission 

and other transmission such ICE and HEV-transmission was that there is one fixed gear ratio and not 

multiple. Figure 3.1 shows the gearbox that was used for the simulation. The gearbox reduces the input 

speed using a two-step reduction which give an all over gear ratio of 7.18. The gearbox was designed 

for 12 000 rpm but was subjected to higher speed than the maximum speed it was designed for in the 

simulation.  

The gearbox contained one input shaft (Figure 3.2) where the input speed and torque were inserted from 

the electric motor using a spline connection. The input shaft had an integrated pinion gear which transfer 

the torque. The shaft was suspended by two tapered roller bearings that connect to the housing and all 

the parts were made of steel.  

The input shaft transferred the torque to the main shaft (Figure 3.2) that contained three parts, main 

shaft, parking gear and driven gear. The parking gear and driven gear were connected to the main shaft 

by splines. The main shaft had an integrated pinion gear to transfer the torque to the differential. The 

main shaft was suspended by two tapered roller bearings at the ends of the shaft. All the parts were 

made of steel.  

 

Figure 3.1 In a) the gearbox internals can be seen that are incorporated into the simulation model and b) is the 

gearbox housing. 
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The differential (Figure 3.2) contained a ring wheel that connected to the pinion gear on the main shaft 

and a differential housing that housed all the differential internal parts. The ring wheel was connected 

to the differential housing that were suspended by two tapered roller bearings. All the parts were made 

of steel. The transmission housing (Figure 3.2 b)) was made of four parts of casted aluminum. It housed 

all the gears, differential and parking lock mechanism. On the outside of the housing there were 

mounting points for the electrical engine and chassis installation. The model used in the simulation was 

stripped of the parking lock mechanism and internal parts of the differential. 

 

Figure 3.2 The gear drivetrain consist of three parts where the input shaft transfer the input speed and 

torque from the electric motor to the main shaft that transfer the torque to the differential. From the 

differential the speed and torque is transferred to the wheels. 
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3.2 Simulation Software 

To simulate the parameters in Table 1.1 from a high speed gearbox the appropriate software had to be 

selected. There are many types of software and the choice was therefore of importance. Software that 

was able to simulate the noise radiation in a single step or multiple steps had to be used. In Figure 3.3 

the simulation steps and the software of choice are shown. The simulation procedure was divided into 

three steps based on that some steps only have to be done once. Three steps where chosen to divide the 

simulation into prepossessing, dynamic analysis and structure borne noise analysis. From the structure 

borne noise analysis SVL could be calculated from the vibrating housing. In the dynamic analysis the 

vibrations were simulated taking into account gear contact, bearings and flexible bodies. Transmission 

error and gear flank forces could be extracted from the dynamic analysis. In preprocessing step all data 

files need for the dynamic analysis were created such as condensed bodies and gear geometries.   

 

Figure 3.3 Software simulation steps. 

In the first step in Figure 3.3, Abaqus® and Kisssoft® was used for creating a structural mesh and 

calculate the geometrical parameters of the gear contact. Abaqus was chosen because of its 

compatibility with AVL exctieTM and previous knowledge of the software. In Abaqus, it was possible 

to create an input file that contains the information needed for each separate part for the dynamic 

simulation in AVL exite. Ki was chosen to create the gear geometry parameters. The parameters are 

critical for the gear joints to work and Kisssoft calculates them from defined input parameters.  

For the second step in Figure 3.3 AVL Excite Power Unit module was chosen to simulate the dynamic 

response of the gearbox. This was done because the convenient layout and availability of different 

contact models. This step can be done using Abaqus, but the amount of work creating time dependent 

contact models of gear contact and the complex behavior of bearings and AVL Excite became the 

preferable choice. In AVL Excite there are predefined models of gear contact and bearing models that 

reduced the amount of work significantly. The work load in AVL Excite was reduced to a condensation 

step of the input files from Abaqus, choosing the right contact models and defining the parameters.  

The third step in Figure 3.3 AVL Excite was chosen because the there was no need to export files to 

other software. In this step the SVL was calculated from the result of the dynamic analysis on selected 

critical surfaces. This was done using the Structure Borne Noise module in AVL Excite.  
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3.3 Model Layout AVL Excite Power Unit 

In Figure 3.4 the model layout of the dynamic simulation of the EV-gearbox is shown. The model 

contains the gearbox housing that was connected with the shafts and differential with tapered roller 

bearing joints. The shafts and differential was connected with the ACYG gear joints in order to represent 

the gears. The B-Pin1 was used for the rotational speed input and was connected to the input shaft with 

a ROTX joint. When the model was running the B-Pin1 inserted a constant rotational speed to the 

system whilst a braking torque was applied at the output node in the differential. When the torque was 

applied the gear joint excites the system and the motion, velocities, acceleration and forces of the nodes 

could be recorded to evaluate the dynamic response of the system.  

 

 

Figure 3.4 1D-model layout in AVL Excite Power Unit 
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3.4 Joints 

3.4.1 Advanced Cylindrical Gear Joint  

ACYG joint was chosen because the incorporation of detailed flank surface shapes and internal 

computation of mesh stiffness caused be tooth bending and tilting. Instead of defining transmission 

error before the simulation the transmission error was calculated in the simulation. This yielded results 

about how transmission error change with the rpm.   

The ACYG joint geometrical properties was defined using a Kisssoft file. In Kisssoft the gear geometry 

parameters was created and then imported into AVL Excite Power Unit. The parameters used to define 

gear geometry, material properties, oil properties, surface roughness, friction and damping, can be seen 

in Table 3.1 for gear pair 1 and Table 3.2 for gear pair 2.  

The material parameters was defined separately from the Kisssoft file and was chosen to be 210 GPa 

for Young’s modulus and 0,3 Poisson's ratio that are common parameters for steel. The flank surface 

roughness Rz was set to 5 μm and the dynamic viscosity η0 was set to 0,01477 Pa.s. These parameters 

were standard values in AVL Excite and were used for calculating the contact and backlash damping in 

equation (2.11) and (2.12). Friction coefficient μ was set using the default parameter in the program and 

equals to 0,05. 11 slices was used per node to achieve a good flank contact resolution. This value was 

recommended from the EXCITE manual. Helical gear generally needs more slices than spur gears 

because the more complex geometry.  

Table 3.1 All data used for defining the ACYG joint for gear pair 1 

 
 

Pinion 

Number of slices per node [-] Flank distance Damping 

Total number of slices [-] mm N,s/m

Normal module mm 0 993,356

Normal preassure angle deg 0,005 993,356

Normal opperating centerdistance mm 0,01 351,204

Helix direction Right hand Left hand [-] 0,015 191,171

Number of teeth pinion/gear 25 51 [-] 0,02 124,17

Addendum Module factor 1 1 [-] 0,025 88,8485

Dedendum Module factor 1,25 1,25 [-] 0,03 67,5893

Addendum modification Coefficient 0,43672 0,57199922 [-] 0,035 53,6362

Active tip diameter 58,720764 114,76239 mm 0,04 43,9006

Active root diameter 51,36668 107,11603 mm 0,045 36,791

Normal backlash mm 0,05 31,4127

Active gear face width pinion/gear  -16,5/16,5 -15,5/15,5 mm 0,055 27,228

Tip radius of rack DIN 867 0,38 0,38 [-] 0,06 23,8964

Youngs modulus 210000 210000 MPa 0,065 21,1929

Poisson's ratio 0,3 0,3 [-] 0,07 18,9633

Flank surface roughness Rz μm 0,075 17,0989

Constant contact damping N,s/m 0,08 15,5212

Friction coefficient [-] 0,085 14,172

Dynamic viscosity of the oil Pa,s 0,09 13,0076

0,095 11,9943

0,1 11,1061

ACYG gear pair 1
Backlash dampingGear 

5

1490,0342

0,05

0,014769867

0,13314791

83

18

1,85

33

11
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Table 3.2 All data used for defining the ACYG joint for gear pair 2 

 

  

Pinion 

Number of slices per node [-] Flank distance Damping 

Total number of slices [-] mm N,s/m

Normal module mm 0 1734,29

Normal preassure angle deg 0,005 1734,29

Normal opperating centerdistance mm 0,01 613,164

Helix direction Left hand Right hand [-] 0,015 333,764

Number of teeth pinion/gear 23 81 [-] 0,02 216,786

Addendum Module factor 1 1 [-] 0,025 155,119

Dedendum Module factor 1,25 1,25 [-] 0,03 118,003

Addendum modification Coefficient 0,41143 0,56857692 [-] 0,035 93,6428

Active tip diameter 60,230993 198,1619 mm 0,04 76,6454

Active root diameter 52,295366 189,83955 mm 0,045 64,2329

Normal Backlash mm 0,05 54,843

Active gear face width pinion/gear  -25,625/25,625  -22,25/22,25 mm 0,055 47,5371

Tip radius of rack DIN 867 0,38 0,38 [-] 0,06 41,7205

Youngs modulus 210000 210000 MPa 0,065 37,0004

Poissin's ratio 0,3 0,3 [-] 0,07 33,1077

Flank surface roughness Rz μm 0,075 29,8528

Constant contact damping N,s/m 0,08 27,0983

Friction coefficient [-] 0,085 24,7427

Dynamic viscosity of the oil Pa,s 0,09 22,7098

0,095 20,9407

0,1 19,3899

ACYG gear pair 2
Gear Backlash damping

11

33

2,05

0,05

0,014769867

18

125

0,15692433

5

2601,4325
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3.4.2 Tapered Roller Bearings 

The tapered roller bearing joint is described in section 2.5 and was used on all of the bearings in the 

model. Because of little information about the bearing all the geometrical values was measured in the 

CAD model and in Figure 3.5 the geometrical parameters for the bearing joint are shown. Material, 

damping and friction parameters also had to be defined.  

 

Figure 3.5 Geometrical parameters needed for the tapered bearing joint. 

 

The dynamic load factors and bore diameter are often specified by the bearing supplier but in this case 

the bore diameters were calculated using   

  IAdiameterbore rrd ,  (3.1) 

and the load factors X  and Y according to  
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 )cos( 0X  (3.2) 

 )sin( 0Y  (3.3) 

0  was the tilting angle of the outer race way of the bearing and measured on the 3D solid.  

The frictional coefficient  =0,0018 was used and was taken from the recommended frictional value 

for tapered roller bearings in the EXCITE manual.  

The damping factor should be within the range of 0,25-2,5 *10-5 [s] according to the AVL Excite manual 

and 1*10-5 was chosen.  

3.4.3 ROTX Joint 

The ROTX joint was used to couple two bodies together. This joint was used in the model to connect 

the B-Pin1 to the splines in the input shaft. The ROTX joint is a rotational spring and damper and the 

settings was set to 10000 Nm/deg and 0 Nms/deg to ensure a rigid coupling.  

3.5 Bodies 

Bodies in the dynamic simulation were used to represent the structural parts of the gearbox. They 

represent the structural parts by incorporation the stiffness, moment of inertia and natural mode shapes. 

The shafts and the differential the gear teeth had an approximated shape to represent the stiffness of the 

bodies in FEM. The actual shape of the gears was defined in the ACYG joints.   

Using Abaqus, all the bodies were condensed to reduce the number of unknowns and one body could 

contain more than one part, see section 2.6. The parts in a body were connected using tie constraints 

that tie the connecting surfaces together causing connected nodes to move identically. Connecting nodes 

used to connect the bodies to the joints was using distributing couplings to connect to the surfaces of 

the bodies. 

Rayleigh damping were used on all bodies. For the shafts and the differential f1 =200 Hz, f2=5000 Hz, 

ζ1=0,04 and ζ2=0,05 was used to define the Rayleigh damping. The damping is defined for a whole body 

and the differential that was made of a different materials were assumed to have the same damping 

properties as the other shafts. f1 =300 Hz, f2=2500 Hz, ζ1=0,03 and ζ2=0,04 was used for the housing.  

Table 3.3 Material properties for structural components 

 

 

Youngs modulus [GPa] Poisson's ratio Density [g/cm^3]

Gearbox housing 76 0,33 2,7

Input shaft 210 0,3 7,85

Bearing housing 210 0,3 7,85

Main shaft 210 0,3 7,85

Driven wheel 210 0,3 7,85

Differential housing 140 0,3 7,85

Ring wheel 210 0,3 7,85

Differential shaft 210 0,3 7,85
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3.5.1 Input Shaft 

The input shaft was represented by structural mesh created in Abaqus and was used to represent the 

geometry of the input shaft. This was done to get an appropriate representation of the input shaft and 

taking into account stiffness, moment of inertia and mode shape variants. The element type used was 

C3D10 which is a tetragonal element with 10 nodes. This element was chosen because of good 

algorithms available for meshing parts with complex geometries. In addition to C3D10 elements C3D4 

element could be used. C3D10 elements were preferred instead of C3D4. C3D4 are known for creating 

a stiff and inaccurate representation of the model for the same amount of elements. The inner raceways 

of the bearings were connected to the shaft with a tie constraint that tie the nodes on the slave surface 

to the closest node on the master surface. The result was that the slave nodes have the same motion as 

the closest node on the master surface.  

The input shaft was condensed in order to minimize the size of the model, see section 2.6. The retained 

nodes were 1001, 2001, 2002, 4001, 4002 and 4003, seen in Figure 3.6 and they had 6 DoF each. Node 

1001 was connected to the splines in the input shaft with a distributing coupling that distribute the 

torque evenly between the nodes it was connected to. Node 2001 and 2002 were connected with 

distributing coupling to the inner raceway of the tapered roller bearings. This was done to connect the 

bearing model described in section 2.5 that represent the bearing connection with an element placed the 

center of the bearing raceway. Node 4001, 4002 and 4003 were connected with a distributing couplings 

to the surface nodes of the gear in the input shaft. The gear surface was split into three connections 

zones that connect to one node respectively. This was done to evenly distribute the force on the gear. 

In section 0 the ACYG joint is described and an approximation in the model was done making the 

applied force to be evenly distributed on all the gear teeth instead of only apply the force to the teeth in 

contact. 

The input shaft contained 90989 nodes and 56627 elements. The number of mode shapes that was 

preserved in the condensed model was 5. This number was chosen to preserve all mode shapes 

connected with a natural frequency in the interval of frequencies of interest. 5 was chosen based on 

several runs where the input shaft with 5 preserved mode shapes showed values in and beyond the 

frequency interval of interest. The material of the input shaft was steel and all the parameters are 

tabulated in Table 3.3. 
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Figure 3.6 Input shaft a) connecting nodes and couplings b) mesh size 

3.5.2 Main Shaft 

The main shaft was represented similar to the input shaft. C3D10 elements was used for the mesh and 

the parking gear, driven gear and the inner raceways of the tapered roller bearings was tied to the main 

shaft. A condensation was made and 8 retained nodes were defined with 6 DoF each to connect the 

main shaft to the rest of the model. The nodes were connected to the main shaft using distributing 

couplings. Node 4004, 4005 and 4006 were nodes that defined the connection nodes for ACYG joint 

connecting the input shaft to the main shaft. Node 5001, 5002 and 5003 were defining the connection 

for the ACYG joint connecting the main shaft to the differential. The two final nodes 2003 and 2004 

defined the bearing connection between the main shaft and the housing. Placement of the nodes, the 

mesh and the couplings can be seen in Figure 3.7. The body contains 118200 elements and 191615 

nodes. 23 mode shapes were chosen to preserve all mode shapes connected with a natural frequency. 

The main shaft component were made of steel, see Table 3.3. 
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Figure 3.7 Main shaft a) connecting nodes and couplings b) mesh size 

3.5.3 Differential 

The differential was modeled similar as input and main shaft. The internal bevel gears in the differential 

housing were not taken into account in the model. This simplification can be justified by the fact that 

the bevel gears are normally stiff and add little to the overall result. Also, the bevel gears are only 

rotating when the car enters a corner or when one wheel is spinning faster than the other. 

C3D10 elements were used for the model and the ring wheel, inner raceways of the tapered roller 

bearings and the shaft that supports the bevel gears were tied to the differential housing. The differential 

was condensed and 6 retained nodes with 6 DoF each were created and each node was coupled with a 

distributing coupling to corresponding surface nodes. Node 5004, 5005 and 5006 were used to define 

the connection nodes for ACYG joint connecting the main shaft to the differential. Node 2005 and 2006 
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were used to define the bearing connection between the differential and the housing. The last node 1002 

was used to apply the breaking torque in the system to excite the system. Node 1002 was connected to 

the shaft that supports the bevel gears. The total amount of elements in the differential were 127858 and 

207742 nodes respectively. 55 mode shapes were preserved in the model to preserve all mode shapes 

with a natural frequency in the interval of frequencies of interest. The differential housing was made of 

cast iron and the ring wheel, inner raceways of the tapered roller bearing and the differential shaft was 

made of steel. The material properties used in the differential model can be seen in Table 3.3.  

 

Figure 3.8 Differential a) connecting nodes and couplings b) mesh size 
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3.5.4 Gearbox Housing 

The gearbox housing model was represented by structural mesh created in Abaqus and contained the 

housing parts and the outer raceways of the tapered roller bearings. C3D10 elements were used for the 

mesh. The outer raceways of the tapered roller bearings were tied with the housing. Distributing 

couplings were used in order to connect the outer raceways of tapered roller bearings to the connection 

nodes in the center. The housing contained four parts excluding the bearing raceways. These parts were 

tied together using a tie constraint. The housing was condensed and had 6 retained nodes with 6 DoF 

each, see Figure 3.9 a). For the condensation step of the housing a recovery matrix was requested for 

all the nodes of the gearbox. The mesh consisted of 353260 elements and 608525 nodes. The gearbox 

housing was fixed in the mounting points and the mounting for the electrical motor to constrain the 

body. Node 6001, 6002 and 6003 (Figure 3.10) were used as measuring points and was retained in 1 

DoF normal to the surface.  

 

Figure 3.9 Gearbox housing a) connecting nodes and couplings b) mesh size 

 

3.5.5 B-Pin1 

B-Pin1 was represented as a node with one free DoF around the axis of the shafts and differential. The 

purpose of this body was to input the speed from the electric motor to the input shaft. B-pin1 was 

connected to the input shaft with a ROTX joint that is a stiff rotational spring and damper and was used 

to connect the node to the input node 1001 in the input shaft.  

3.6 Natural Frequency Analysis 

For the natural frequency analysis of the input shaft, the main shaft, the differential and the housing, the 

Abaqus AMS solver was used in order to extract the natural frequencies. The number of frequencies 

requested were set so that they were in the frequency range of the dynamic analysis. The maximum 

frequency of interest was set to 12 500 Hz that was the highest mesh frequency at 30 000 rpm. The 

natural frequency analysis of the input shaft, the main shaft and the differential was done fixing all 

retained nodes in 6 DoF:s, see Figure 3.6, Figure 3.7 and Figure 3.8. For the housing all retained nodes 
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were fixed and additional boundary conditions were used at the mounting points locking the mounting 

points in the three translational DoF. 

3.7 Simulation Methodology 

3.7.1 Loads and Boundary Conditions 

The system was loaded applying the braking torque on the output node 1002. The torque was multiplied 

with the total gear ratio 7,18 to get the torque that would be applied on node 1002. The gearbox used 

for the simulation was made for the electrical engine with torque vs. speed relation similar to the one 

described in [15]. In this model the gearbox was subjected to 500 - 30 000 rpm and the torque vs. speed 

relation used in [15] couldn’t be used. It only showed the relation of torque vs. speed between 0-12000 

rpm. Therefore a constant torque was applied to study the effect of the response for the same torque 

over the full rpm range. The brake torque applied was set to 484 Nm that was the minimum torque used 

from [15] multiplied with the gear ratio.  

The rotational speed was applied on B-Pin1 that transferred the speed to the input shaft through the 

ROTX joint. All the shafts and the differential was assigned an initial rotational speed in order to get 

the system rotating. This was to avoid numerical problems during the start of the simulation. The speed 

of the shafts can be calculated according to equation (3.4), (3.5) and (3.6). Inputv  was the speed on B-

Pin1, shaftInputv _  was the initial speed on the input shaft, shaftMainv _  was the initial speed on the main 

shaft and alDifferentiv  was the initial speed on the differential. 

 
InputshaftInput vv _  (3.4) 

 
InputshaftMain vv

51

25
_   (3.5) 

 
InputilDifferenta vv

81

23

51

25
  (3.6) 

The system was divided into global and local translations and rotations. Global translations and rotations 

constrains were defined on each body in the model. The global translations and rotations are movements 

of the entire body. The housing and B-Pin1 was fixed in all 6 DoF in the global coordinate system. The 

shafts and the differential were fixed in 2 DoF. The 2 DoF were rotations perpendicular to the axis of 

the shafts. This enable the shafts and the differential to rotate around one axis and translate in any 

direction. The local translations and rotations are movements caused by the deformations and were 

separated from the global motions.  

3.7.2 Load Cases 

To be able to see how the dynamic response of the system changes with the rpm of the electrical engine 

different rpm must be simulated. For each rpm of interest one simulation must be executed and therefore 

a case series was created to simulate multiple rpm in one run. A case file was created where the values 

of the varying parameters were defined. This case file was imported into EXCITE Power Unit and all 

the changing parameters were linked to this file. By using a case file no parameter had to be changed 

manually during the runs.   

60 cases were used to simulate the response from 500 - 30 000 rpm where each case were increased 

with 500 rpm. In Table 3.4 the cases are shown where each case have 7 parameters that were varied for 
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each simulation. The three first are the initial speeds of the shafts and differential. The first parameter 

also defined the constant input speed of the electrical engine. The brake torque factor is the fourth 

parameter and was kept constant. This factor could be used for changing the braking torque and was 

multiplied with a reference braking torque set by the user to get the desired braking torque. The 

reference braking torque was set to 1185 Nm and the brake torque factor was set to 0.36. The fifth and 

sixth parameter in Table 3.4 were used to vary the number of rotations of the input shaft and the result 

step size. Each cycle corresponded to 360 ° rotation of the input shaft and the result step size was used 

to alter the result gathering rate. The seventh parameter was defining the start of the measurements and 

was based on estimations when the system reached steady state. This parameter was tested for several 

rpms before running the final simulation. 

Table 3.4 In the case series all the parameters that were varied for each case are written.  

  

3.7.3 Solver Procedure 

The solver in AVL EXCITE Power Unit are doing the calculations in the time domain and is using time 

integration procedure with defined step size. The step size is automatically adjusted if needed and the 

result extraction was defined separately from the calculation step size in order to reduce the amount of 

result extracted.  

The step size can be defined in different ways in EXCITE, either in rotation or time. In this model the 

step size was defined in rotation about the input shaft and each step was then expressed in degrees. As 

described in section 3.7.2 multiple runs were made to simulate the dynamic response over the selected 

rpm range. If the step size is expressed in degrees the simulations will always rotate with the same 

angular step independent of the input speed. This resolved in, when the rpm increases, the step size 

expressed in time will decrease and the time in the simulation decreases. Converting the time to degrees 

are done using equation (3.7) where inputshaftV  is the input speed for the cases seen in Table 3.4. 

simulation  and simulationt refers to the current angle and time in the simulation.  

Input rpm 
Main shaft 

rpm 

Differential 

rpm 

Brake torque 

Nm

Cycles (one rotaion 

of the inputshaft)

Result step size 

deg
Start cylcle

Case 1 500 -245,1 69,6 0,36 6 0,12 3

Case 2 1000 -490,2 139,2 0,36 11 0,24 5

Case 3 1500 -735,3 208,8 0,36 18 0,36 8

Case 4 2000 -980,4 278,4 0,36 22 0,48 10

Case 5 2500 -1225,5 348,0 0,36 27 0,6 13

Case 6 3000 -1470,6 417,6 0,36 32 0,72 15

Case 7 3500 -1715,7 487,2 0,36 38 0,84 18

Case 8 4000 -1960,8 556,8 0,36 42 0,96 20

Case 9 4500 -2205,9 626,4 0,36 48 1,08 23

Case 10 5000 -2451,0 696,0 0,36 53 1,2 25

Case 11 5500 -2696,1 765,6 0,36 59 1,32 28

Case 12 6000 -2941,2 835,1 0,36 63 1,44 30

Case 13 6500 -3186,3 904,7 0,36 69 1,56 33

Case 14 7000 -3431,4 974,3 0,36 74 1,68 35

Case 15 7500 -3676,5 1043,9 0,36 79 1,8 38

Case 16 8000 -3921,6 1113,5 0,36 84 1,92 40

. . . . . . . .

. . . . . . . .

. . . . . . . .

Case 60 30000 -14705,9 4175,7 0,36 464 7,2 300
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360

60


inputshaft
simulationsimulation

V
t  (3.7) 

Keeping the rotational step size constant was preferred to the time step size because when the gears 

were rotating the number of calculations were equal for each rotation compared to if the time step size 

would be constant. Then the amount of calculations for each 360 degrees of rotation rotations would 

decrease with the rpm. The rotational step size chosen for the model was set to 0,12 degrees/step and 

120 calculations for each tooth engagement of the teeth of the input shaft and about 266 calculations 

for the teeth of the main shaft that connects to the differential.  

For the simulation, start and end angle had to be specified. The start angle was set to zero degrees whilst 

the end angle was set to a multiple of 360 degrees or cycles. The end cycle in the model was varied 

between 6 and 464. The start cycle for collecting the data was set to 3-300 cycles for measurements in 

the time domain. This was done in order for the simulation to reach steady state before the data for the 

Fast Fourier Transform could be extracted.  

As mentioned above the result step size was selected separately from the simulation step size. For this 

model the result step time was chosen to 4*10-5 s/step and was kept constant all cases. This value was 

based on the first case where the rotating speed was lowest. If the Nyquist criterion would be fulfilled 

for 12500 Hz then step time could be calculated from equation (2.37). The result step time then became 

4e-5 s/step and the step size in degrees was calculated to 0,12 deg/step using equation (3.7).  

Also the number of samples were kept constant. For extracting the values for the FFT the simulation 

has to be in steady state and a sufficient number of measurements has to be extracted in order to give 

qualitative results. As mentioned in section 2.8 the amount of samples for the FFT has to be a multiple 

of 2. 8192 samples were used for the FFT and the Nyquist frequency was set to 12500 Hz. This gave a 

frequency resolution of 3,052 Hz calculated using equation (2.36). If the result step time was kept 

constant the frequency resolution would decrease when the rpm was increased and then the result of the 

FFT would lose accuracy. Also, as result of the constant result step time the result step size in degrees 

increased with higher rpm. How the result step size increased with the rpm was calculated with equation 

(3.7) and can be seen in Table 3.4. When the result step size was gradually increased and it meant that 

the number of cycles had to be increased to collect 8192 samples.  

3.8 Structure Borne Noise Calculations 

The structure borne noise calculations were done after the dynamic simulation using the velocities of 

the surface nodes on the housing. The method for calculating the structure borne noise is described in 

section 2.9. The result of the calculations were the SVL for respective band or frequency. No 

measurements were done on the shafts because they would only emit noise inside of the gearbox.  

From node 6001, 6002 and 6003 the surface normal velocities were recorded for each case and plotted 

in a Campbell diagram. From the diagram it was possible to distinguish at what motor speeds the noise 

levels were the highest. Then further post processing was done on selected speeds that showed the 

highest levels in the diagram.  

Noise emitting from a gearbox is normally caused by large vibrating panels on the gearbox housing that 

act like a loud speaker. Therefore 9 relatively flat areas on the housing were chosen to be investigated, 

see Figure 3.10. This made it possible to evaluate each surface separately and distinguish what area that 

vibrates the most or if some areas were vibrating more at certain input speeds.  
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Figure 3.10 Selected areas of the housing for calculations of structure borne noise. Node 6001, 6002 and 6003 

are used for measurement for Campbell diagram.  

The result from solving the surface integral showed SVL on the surfaces for each selected speed. The 

SVL contribution from each frequency or frequency band gave the information about what frequencies 

that were most active for each speed. 1/3 octave bands were used for the frequency band, see Table 3.5. 

The highest band number the surface integral is solved for was chosen to 30. This number was chosen 

because of the highest mesh frequency simulated was 12 500 Hz. It should be noted that the highest 1/3 

octave band number contains higher frequencies than 12 500 Hz that may affect the results.  

The total SVL form the whole gearbox was also calculated. The surface integral was solved for all 

surface nodes of the three housing parts. 1/3 octave band was used to compact the frequencies into 

bands and as with the selected surfaces. SVL for each band number was combined using equation (2.41). 
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Table 3.5 1/3 octave band, where each band extends between the lower and the higher frequency in the table 

 

  

Band number Mid Hz Lower Hz Higher Hz

1 15,6 13,9 17,5

2 19,7 17,5 22,1

3 24,8 22,1 27,8

4 31,3 27,8 35,1

5 39,4 35,1 44,2

6 49,6 44,2 55,7

7 62,5 55,7 70,2

8 78,7 70,2 88,4

9 99,2 88,4 111,4

10 125,0 111,4 140,3

11 157,5 140,3 176,8

12 198,4 176,8 222,7

13 250,0 222,7 280,6

14 315,0 280,6 353,6

15 396,9 353,6 445,4

16 500,0 445,4 561,2

17 630,0 561,2 707,1

18 793,7 707,1 890,9

19 1000,0 890,9 1122,5

20 1259,9 1122,5 1414,2

21 1587,4 1414,2 1781,8

22 2000,0 1781,8 2244,9

23 2519,8 2244,9 2828,4

24 3174,8 2828,4 3563,6

25 4000,0 3563,6 4489,8

26 5039,7 4489,8 5656,9

27 6349,6 5656,9 7127,2

28 8000,0 7127,2 8979,7

29 10079,4 8979,7 11313,7

30 12699,2 11313,7 14254,4
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4 Results 

In this chapter the result from the simulation is presented. 

4.1 Natural Frequency Analysis and Condensation  

In Table 4.1 all the natural frequencies extracted for the simulation are shown. The housing has 177 

mode shapes distributed between 0 - 12 500 Hz. The natural frequencies are further spread apart at 

lower frequencies but around 4000 Hz the distance starts to become shorter and the natural frequencies 

are appearing more evenly.  

55 natural frequencies were extracted for the differential. Distance between the frequencies started to 

decrease around 8300 Hz. 23 natural frequencies were extracted for the main shaft and 5 for the input 

shaft.  

In Figure 4.1 the first natural mode of the bodies are shown where the displacement is magnified to give 

and understanding about the mode shape. The mode shapes are different for every natural frequency 

and applies to different parts of the body.  

 

Figure 4.1 a) first natural mode of the input shaft. b) first natural mode of the main shaft. c) first natural mode 

of the differential. d) first natural mode of the housing. The displacement factor is not to scale in the picture. 
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Table 4.1 All extracted natural frequencies of the bodies used in the model 

 

In Table 4.2 the center of mass (CoM) of the condensed models are shown and the differential has a 

larger offset from the X-axis than the other shafts. This unbalance has been reduced from the original 

3D file. 

Number Hz Number Hz Number Hz Number Hz Number Hz

1 1465,23 60 6713,37 119 9869,55 2 0 29 9540

2 1584,661 61 6754,555 120 9897,4 3 0 30 9764

3 1711,948 62 6830,536 121 9938,687 4 1 31 9855

4 1858,389 63 6887,675 122 10022,36 5 65 32 10065

5 2082,794 64 6984,004 123 10030,73 6 82 33 10295

6 2259,497 65 7015,464 124 10096,37 7 2618 34 10569

7 2411,804 66 7074,993 125 10118,59 8 2620 35 10882

8 2510,387 67 7179,091 126 10133,85 9 2636 36 11216

9 2688,475 68 7252,924 127 10187,04 10 2693 37 11326

10 2751,849 69 7262,559 128 10200,13 11 4244 38 11535

11 2901,205 70 7295,531 129 10306,62 12 4511 39 12003

12 3073,5 71 7435,287 130 10367,45 13 4759 40 12479

13 3121,022 72 7439,355 131 10400,44 14 5258 41 12907

14 3141,239 73 7505,022 132 10411,18 15 5477 42 13057

15 3253,993 74 7514,636 133 10456,99 16 5848 43 13357

16 3318,08 75 7576,822 134 10516,53 17 5977 44 13427

17 3421,94 76 7655,602 135 10563,35 18 6008 45 13567

18 3546,839 77 7754,077 136 10585,83 19 6485 46 13651

19 3574,233 78 7798,961 137 10622,35 20 6528 47 13672

20 3713,601 79 7846,484 138 10701,03 21 6943 48 13780

21 3800,452 80 7933,223 139 10721,7 22 7007 49 13967

22 3863,599 81 7990,614 140 10749,15 23 7420 50 14038

23 4126,155 82 8044,068 141 10846,46 24 8379 51 14273

24 4160,142 83 8054,267 142 10856,02 25 8487 52 14852

25 4203,059 84 8135,181 143 10883,2 26 8595 53 14930

26 4318,503 85 8138,064 144 11016,65 27 9057 54 15419

27 4358,358 86 8187,154 145 11024,31 28 9346 55 15823

28 4400,831 87 8220,992 146 11114,93 28 13448

29 4499,26 88 8337,348 147 11119,51

30 4610,995 89 8381,928 148 11200,74 Number Hz Number Hz

31 4644,73 90 8453,617 149 11228,47 1 5452 13 12235

32 4730,96 91 8492,086 150 11279,38 2 5454 14 12235

33 4851,339 92 8518,691 151 11320,98 3 7001 15 13476

34 4957,911 93 8618,728 152 11399,28 4 7004 16 15911

35 4984,629 94 8657,103 153 11449,53 5 7346 17 15961

36 5054,866 95 8710,627 154 11453,51 6 7414 18 17369

37 5103,14 96 8753,692 155 11502,05 7 7916 19 17417

38 5221,674 97 8818,867 156 11558,91 8 7918 20 17595

39 5261,022 98 8835,81 157 11615,51 9 10905 21 17610

40 5334,261 99 8901,52 158 11633,21 10 10913 22 18310

41 5435,151 100 8985,63 159 11736,62 11 11071 23 18340

42 5462,205 101 9048,579 160 11771,67 12 11087

43 5506,06 102 9049,698 161 11872,92

44 5581,189 103 9129,41 162 11904,1 Number Hz

45 5741,949 104 9163,137 163 11931,18 1 13129

46 5769,865 105 9227,326 164 11958,78 2 13142

47 5831,836 106 9281,054 165 11997,38 3 15281

48 5916,33 107 9302,148 166 12006,72 4 15286

49 5959,543 108 9334,533 167 12069,26 5 17402

50 6000,849 109 9436,016 168 12114,39

51 6120,587 110 9495,301 169 12146

52 6212,103 111 9498,099 170 12191,66

53 6258,154 112 9540,557 171 12268,68

54 6374,86 113 9561,551 172 12291,37

55 6469,27 114 9600,133 173 12322,7

56 6496,643 115 9640,623 174 12382,11

57 6525,415 116 9690,203 175 12403,61

58 6582,242 117 9749,311 176 12433,03

59 6632,978 118 9808,024 177 12478,78

Input Shaft

Housing Differntial 

Main Shaft
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Table 4.2 Center of mass placement in mm from the origin of the body coordinate system. X is the rotational 

axis of the shafts 

 

4.2 Campbell Diagram  

From node 6001, 6002 and 6003 three Campbell diagram were created for the rpm sweep showing the 

relation between frequency, speed of the input shaft and surface velocity.  

In Figure 4.2 the normal surface velocity of node 6001 is shown and the fringes represent the orders of 

the gear pair 1. The first order of gear pair 1 is the number of rotations each second of the input shaft 

multiplied with the number of teeth on the input shafts. This is also called the mesh frequency and it 

can be seen in Figure 4.2 that the mesh frequency of gear pair 1 is causing higher levels of surface 

velocities. The second order shows the double frequency of order one and it can be seen in Figure 4.2 

that it also has higher levels normal surface velocity. As the orders increase normal surface velocity 

decreases levels and get harder to distinguish in the graph.  

 

Figure 4.2 Campbell diagram of surface node 6001. The lines represent order 1-4 for gear pair 1 where order 1 

and 2 are distinguishable. 

In Figure 4.3 show the same plot as Figure 4.2 but the order lines represent gear pair 2. The mesh 

frequency can be calculated using the rotation of the main shaft multiplied with the number of teeth. 

Order 1 and 2 show increased levels of surface velocity whilst at higher orders the levels decreases. 

Results from node 6002 and 6003 can be seen in Appendix 1 and show similar results. For the Campbell 

diagrams for node 6001, 6002 and 6003, critical rpms can be distinguished where the surface normal 

velocity has high levels. These rpm ranges are further evaluated in next section. 

Body X Y Z

Input Shaft 94,9336 -0,00057124 0,000360258

Main Shaft 8,52265 -0,00010204 0,000244834

Differential 9,5367 -0,00281574 0,00643968

Center of mass
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Figure 4.3 Campbell diagram of surface node 6001. The lines represent order 1-4 for gear pair 2 where order 

1-3 are distinguishable.  
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4.3 Critical rpm Ranges 

From the Campbell diagram critical rpms can be selected. Seven speeds are selected, spread apart, that 

showed higher surface velocities. This is done to get information about the gear box at different speed 

ranges. The selected rpms are further processed to get more information about SVL, critical areas and 

transmission error. 1/3 octave band (Table 3.5) are used to compact the frequencies in bands and the 

mean normal surface velocities are solved for the selected surfaces and for the whole surface of the 

housing. When SVL is calculated for the whole surface it uses the same procedure as for the selected 

surfaces. The difference is that the surface integral is solved for all nodes on the gearbox housing which 

shows the total SVL from the housing. In the 1/3 octave band graphs band 1-13 are skipped because of 

low contribution of SVL.  Transmission error is also extracted from each selected speed. Four speeds 

are presented in this section and three speeds are presented in Appendix 2.  

4.3.1 2000 rpm  

At 2000 rpm the highest levels of normal surface velocity are caused by frequencies from band number 

15, 18, and 21. In band number 15 the first order of gear pair 2 occurs whilst in 18 the first order of gear 

pair 1 and the second order of gear pair 2 occurs. Band number 21 contains the second order of gear 

pair 1 and the third order of gear pair 2. In Figure 4.4 the normal surface velocity for each 1/3 octave 

band is shown where each surface is an individual line. What surfaces that are most active in certain 

bands can be seen in the Figure 4.4 and in Figure 4.5 the normal surface velocity is plotted on the 

housing surface for band number 15, 18 and 21. For band number 18 surface 3 is most critical and for 

band number 21 surface 1 are most critical. Band number 15 show high levels around one of the bearings 

supporting the differential. In Figure 4.6 the dynamic TE is plotted for Gear Pair 1 and the Gear Pair 2. 

The TE is expressed in deviation of the rotation angle for the gears and one meshing cycle has the length 

calculated by 360° divided be the number of teeth of the input shaft for Gear Pair 1 and the number of 

teeth of the main shaft for Gear Pair 2. 

 

Figure 4.4 Normal surface velocity of selected surfaces for each 1/3 octave band at 2000 rpm. 
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Figure 4.5 Normal surface velocity of band number a) 15, b) 18 and c) 21 at 2000 rpm.  
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Figure 4.6 The dynamic transmission error of a 60° degree rotation of the input shaft for Gear Pair 1 and the 

main shaft for Gear Pair 2.  
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4.3.2 5000 rpm 

In Figure 4.7, band number 15, 19 and 22 contains the frequencies that cause the highest normal surface 

velocities. The first order of Gear Pair 2 occured in band number 19. In band number 22 the first order 

of gear pair 1 and the second order of gear pair 2 occur. In Figure 4.9 surface 1 and 3 showed highest 

normal surface velocity in band number 19.  Surface 1 showed highest levels in band number 22. In 

band number 15 the surface of around one of the bearings supporting the differential showed higher 

levels. In Figure 4.8 the magnitude of TE has increased for Gear Pair 2 compared to 2000 rpm. TE for 

Gear Pair 1 show similar amplitudes but a different shape.  

 

Figure 4.7 Normal surface velocity of selected surfaces for each 1/3 octave band at 5000 rpm. 

 

Figure 4.8 The dynamic transmission error of a 60° degree rotation of the input shaft for Gear Pair 1 and the 

main shaft for Gear Pair 2. 
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Figure 4.9 Normal surface velocity of band number a) 15, b) 18 and c) 22 at 5000 rpm. 
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4.3.3 10000 rpm 

In Figure 4.10 band number 15, 18 and 22 are most active. The surface around one of the bearings 

supporting the differential shows the highest levels of normal surface velocity for band number 15. The 

top of the housing shows high levels of vibration in band number 22. The first order of Gear Pair 2 lies 

in the range of band number 22. Band number 18 has high levels for surface 1 and 3. TE for the Gear 

Pair 1 and 2 are shown in Figure 4.11 and Gear Pair 2 has similar amplitudes as 5000 rpm but the tops 

are thinner. Gear Pair 1 has a smother curve than lower rpms.  

 

Figure 4.10 Normal surface velocity of selected surfaces for each 1/3 octave band at 10000 rpm 

 

Figure 4.11 The dynamic transmission error of a 60° degree rotation of the input shaft for Gear Pair 1 and the 

main shaft for Gear Pair 2. 
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Figure 4.12 Normal surface velocity of band number a) 15, b) 18 and c) 22 at 10000 rpm. 
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4.3.4 26000 rpm 

In Figure 4.13 the normal surface velocity levels has increased compared with lower rpms. The band 

with highest level is 18 and then the levels decreases until band number 29. The reason for the increased 

levels in 29 is caused by the first order for Gear Pair 1 and the seacond order for Gear Pair 2 that are 

within the range of the band. In Figure 4.14, normal surface velocity is plotted for band number 18. The 

scale on the levels are changed to better see where the critical areas and surface 1, 2 and 3 shown the 

highest levels. The transmission error for Gear Pair 1 and 2 in Figure 4.15 show low amplitudes 

compared with lower rpm but a waviness is observed for both gear pairs.  

 

Figure 4.13 Normal surface velocity of selected surfaces for each 1/3 octave band at 26000 rpm 

 

 

Figure 4.14 Normal surface velocity of band number 18 at 26000 rpm. (Note! Scale is changed compared to 

other similar pictures) 
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Figure 4.15 The dynamic transmission error of a 60° degree rotation of the input shaft for Gear Pair 1 and the 

main shaft for Gear Pair 2. 
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5 Discussion and Conclusion 

In this chapter model limitations and accuracy will be discussed with respect to the results. Questions 

from the section 1.3  will be answered and possible improvement of the model and the gearbox will be 

proposed in a section dedicated to future work.  

5.1 Natural Frequency Analysis and Condensation 

Many of the mechanism that cause noise from a transmission are taken into account in this model. The 

models of the gears contact, bearing contact and bodies have been the main focus for the simulation. 

Simplifications have been made where the parking look mechanism and differential internals have been 

stripped of the gearbox. Also the mounting points for the housing to the chassis and the electric motor 

have been seen as rigid. These simplifications may have caused stiffer bodies than in reality and caused 

the natural frequencies to be higher than for the real gearbox. The electric motor has been excluded 

from the simulation. The rotor in the electrical motor is a rotating mass that has a substantial weight. If 

the rotor would be included into the model this might have lowered the natural frequencies of the whole 

system because of the added mass. The stator and the housing of the electric motor could also be added 

to create a more realistic connection between the housing of the gearbox and the electric motor. More 

components added to the model would probably give a more realistic result of the natural frequency 

analysis but more time consuming. 

During the natural frequency extraction both shafts and differential were fixed in all retained nodes. All 

the retained nodes were placed on the rotational axis, coupled to the tooth surface and all teeth were 

loaded equally. This is not what happens in reality were only the teeth in contact are subjected to the 

force. The bearing connection nodes are fixed in all rotational DoF which is not optimal but when 

creating the substructure these DoF:s had to be fixed to preserve these DoF:s in the substructure. The 

effect of this simplification may have caused the wrong mode shapes to be triggered.  

To check the natural frequency analysis for the shafts and the housing an analysis should be performed 

in order to extract the natural frequencies of the whole system and compare to the ones used in the 

dynamic model. This way it should be possible to known if the boundary condition used on the 

individual bodies are appropriate. Due to the limited time of the thesis this has been down prioritized 

and not been checked.  

5.2 Dynamic analysis 

A critical point when creating the dynamic model has been the solver settings. Many iterations have 

been made in order to find the right settings. This was time consuming and many runs were made and 

each took about one night to finish. 12500 Hz was set to the highest frequency of interest and is the 

highest mesh frequency in the rpm range. This affected the solver settings because of the Nyquist 

criterion must be fulfilled for the FFT to resolve 12500 Hz. When the maximum frequency of interest 

increase the resolution of the FFT decreases for the same amount of samples. Therefor a high number 

of samples were chosen to get a better frequency resolution. When the number of samples increases the 

number of cycles increases and thereby the computational time. To have the same frequency resolution 

for all rpm simulated the sampling interval in deg/step was chosen to increase with the rpm. This lead 

to that the computational time increased with the rpm, approximately 5 min for 500 rpm and 1 h and 10 

min for 30000 rpm.  

The sampling for the FFT started when the simulation was thought to have reached steady state. This 

guess was based on previous runs where the simulations hadn’t reached steady state before starting the 

measurement. This guess was fairly accurate and the simulation reached steady state at about 0,3 

seconds for rpms 500-15500. At the lower rpm, steady sate was sometimes reached earlier. The time 

increased after 15500 rpm and had to be increased gradually. The differential rotational velocities were 
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used for evaluating if the simulation had reached steady state and steady state was assured for 22500 

rpm. Rpm over 22500 didn’t reach steady state in the differential.  

The reason time increased to reach steady state for higher rpms is thought to be a small unbalance in 

the differential. With higher rpm the effect of the unbalance increases because the centrifugal effect of 

an unbalanced shaft increases with the rpm. This fault was detected late in the project and only small 

modification was done in order to reduce the unbalance. With this knowledge it is clear that a small 

unbalance can be critical for higher rpm and should be of high priority during design and manufacturing.  

Runs were made to see if steady state could be reached earlier. In the beginning of the simulation the 

torque is increased linearly to the maximum torque. An initial speeds was also added for the rotating 

parts. These precautions has shown little effect of the time to reach steady state. More time should be 

put on systematically choosing the solver settings. These could be based on fewer runs over the rpm 

range and settings should be selected accordingly for a final run.    

5.3 Transmission Error  

All the runs were loaded with the same braking torque. This is not optimal but it gave information about 

how the transmission error for the same load changed with the rpm. The result gained is not the static 

TE but the dynamic. Static TE can be measured when the gearbox is loaded and not rotating whilst the 

dynamic take into account the dynamic of the system when the shafts are rotating.  

For Gear Pair 1 the dynamic TE did not change levels but got a more even shape when the rpm was 

increased but the difference in amplitude did not change significantly. A waviness was observed in the 

graph for higher rpm and is thought to be the effect of the small unbalance in the differential.  

The fluctuation amplitude of TE did increase between 2000 and 5000 rpm for Gear Pair 2. Then the 

amplitude difference decreased to 26000 rpm and increased at 30000 rpm. Results over 22500 rpm 

hadn’t reached steady state during the analysis and might affected the results. Same waviness was 

observed as for Gear Pair 1 and is thought to be the unbalance of the differential. 

Vibrations are caused by the fluctuation of the TE and at 5000 rpm the TE fluctuation was greatest at 

Gear Pair 2. This is expected because the torque is higher in Gear Pair 2 than in Gear Pair 1. This is not 

the case at 2000 rpm where Gear Pair 1 has higher fluctuation in TE. This might be an effect of different 

contact ratios for the gear pairs or how the force is distributed on the flanks.  How contact ratios and 

force distribution on the flank surface have changes with the rpm has not been evaluated in this thesis 

because of limited time.   

5.4 Acoustic Response 

From the Campbell diagram it was possible to see the first, second and third orders from the gear pairs 

at most rpm. The measurement from node 6001, 6002 and 6003 showed similar patterns. Around 5000 

rpm at frequencies around 500-1000 Hz, high SVL levels were shown on the Campbell graph (Figure 

4.2) but the total level were lower for the same frequency at 10000 rpm. Between 500 and 1000 Hz in 

the Campbell diagram, SVL is high for all rpm and forms vertical fringes. One suggestion is that it can 

be a resonance frequencies of the whole transmission.  

From solving the surface integral the vibratory levels or SVL was obtained for the housing. In lower 

rpm the mesh frequency orders showed higher SVL in the band they were in and the rest of the band 

showed lower levels. This was clear for 2000 and 5000 rpm but at 10000 rpm and higher rpm it become 

harder to distinguish the bands that contains the mesh frequency orders. The reason for this can be that 

the spacing between the resonance frequencies at higher frequencies are smaller and more frequently 

triggered. Another reason can be the unbalance that will affect the system at higher rpm.        
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Critical areas of the housing where SVL have shown highest levels are surface 1 and 3. Surface 1 is a 

flat panel and could be a reason for higher SVL. Surface 3 is supporting one bearing of the main shaft 

and vibration has to travel through surface 3 to reach the rest of the housing and may explain the higher 

levels. Surface 3 is also the largest area that the surface integral were solved for. The effect is that the 

SVL contribution on the 1/3 octave graphs shown in section 4.3 is larger for a surface with larger area, 

with the same normal surface velocity, than for a smaller area. This is caused by equation (2.39) and 

therefore the surface plots of the housing (Figure 4.9, Figure 4.12, Figure 4.14) has been used to shown 

the actual normal surface velocities over the whole housing to see what areas are most critical. When 

comparing the surface plots and the 1/3 octave graphs, high SVL is often shown on surface 1 and 3.  

There are similarities when comparing different rpm and the surface plots for the same 1/3 octave bands. 

Figure 4.5 a), Figure 4.9 a) and Figure 4.12 a) show the surface plots for band number 15 and high SVL 

are located at the same area, around one of the bearing supporting the differential. These similarities 

could have a coupling to the resonance frequency for the whole system.  

One limitation that has affected the post processing of the dynamic analysis is that the surface plots 

have only been able to be extracted between band numbers 1-25 (Table 3.5). It would have been 

interesting knowing where higher frequency bands excite the housing.  

The actual sound pressure level (SPL) from the housing, that is what the human ear detect, has not been 

calculated during this thesis. From the total SVL, for each 1/3 octave band, it is possible to calculate 

the SPL from the whole housing using equation (2.21)-(2.24). This result would not have given any 

useful results because the noise is emitted in different directions that means that SPL differs in all 

direction. SPL also depends on the distance from the source and increased distance decreases the levels. 

This phenomena can be simulated but is for future work.  

From a noise source, SPL and SVL has identical values in dB. An increase of 6 dB in SPL is perceived 

twice as loud compared the original SPL for the human ear. From the 1/3 octave graphs in section 4.3 

SVL levels increase significantly between 2000 and 10000 rpm and then the levels stabilize. This is 

expected because of what is mentioned above where a 6 dB increase is perceived as twice as loud. The 

dBA weighting described in section 2.7 should be applied to the frequency bands in order to tune the 

values for the human ear and then some of the lower frequency bands would decrease in level.     

5.5 Conclusion 

In section 1.3 five questions are stated that should be answered during the thesis work.  

 How does the expected results in Table 1.1 change with the rpm? 

As mentioned in section 5.3, the dynamic TE changes in shape for the gear pairs but the fluctuation in 

amplitude is similar in most cases. A large waviness is observed at higher rpm that is thought to be an 

unbalance of the differential. No gear flank forces were measured and resonance frequencies for all 

bodies were extracted. At higher rpm the SVL of 1/3 octave bands were higher compared to lower rpm 

and a thought is that at higher rpm, more resonance frequencies are triggered.  

No far field SPL was simulated but SPL at the surface of the housing have same dB levels as SVL on 

the housing. At low rpm, 500-5000 rpm, the 1/3 octave bands containing mesh frequency orders of 1 

and 2 showed high SVL. This phenomenon was only observed for lower rpm.    

The RPM-SVL-FREQUENCY relationship was plotted in a Campbell diagram. The diagram showed 

fringes of the mesh frequency orders and vertical fringes between 500 and 1000 Hz. When the mesh 

frequency orders crossed the vertical lines high SVL was observed. This happed at rpm between 0-

5000, but SVL was still higher at higher rpm. Reference [10] concluded that frequency content from 

electric vehicles were highest between 500-2000 Hz and above 2000 Hz. This correlated well with the 

results from the Campbell diagram.   
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 Is the model valid for high speed applications? 

Based on that the model has to reach steady state for being valid, 22500 rpm was the limit. At higher 

rpm the rotational velocity of the differential origin hadn’t reached steady state. To get the model to 

reach steady for higher rpm the time before starting extracting results was increased. This was costly 

on the computational time since the step size was set to a constant deg/step.  

The gearbox used was made for a lower rpm than tested and the bearings has a certain speed capacity. 

This was not taken in to account for when creating the model.   

The results gained from the simulation has shown good correlation that the mesh frequency orders are 

responsible for higher noise levels at lower rpm. This result fits well with reference [4-8] describes. At 

higher rpm the mesh frequencies are still distinguishable whilst in the 1/3 octave graphs they became 

harder to distinguish with higher rpm. Transmission error showed similar levels for most cases but the 

shape of the curve became smoother with increased rpm.  

To verify if the model is suitable for high speed application real testing would be needed. Then the 

model could be modified to match the result from the real testing.   

 How well does the software handle high frequency simulations? 

In AVL Excite all bands of higher frequencies for the structure borne noise calculation had to be added 

and extracted manually. This was time consuming because each band added created a separate file rather 

than storing all results in one file. The surface plot of SVL on the housing had a limit where 1/3 octave 

band number 25 was the highest band possible to plot.  

For the Campbell diagram a Python script, made by AVL, was used and was very time effective.    

 What can be done to reduce noise on the simulated gearbox? 

From the surface plots the most critical areas that has highest SVL are surface 1 and 3. Use of stiffeners 

might lower the SVL at those areas. Focus should be put on reducing the unbalance in the differential 

and looking more into the contact of the gears. No micro geometries were used and it is possible that 

the noise can be reduced by small changes to the gears.  

 How well does a low-speed gearbox handle higher speeds? 

The increased speed that the gearbox is subjected to show higher SVL for the housing than at lower 

speed.  

5.6 Future Work 

For future work the focus should be but on refining the model or use a similar gearbox where more of 

the input parameters are known. In this thesis many parameters have been estimated, that have affected 

the results.  

More focus should be put on boundary condition of the condensation and natural frequency extraction. 

If possible, a natural frequency extraction should be made for the whole system to be able to compare 

the system resonance frequencies with the Campbell diagram. When these modifications are done 

different gear geometries can be tested to see how the responses would change. Micro geometries of 

the gear flanks can be added to the model to optimize the force distribution on the flanks.   
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It would also be of interest to simulate the far field SPL from the housing. That can be done with AVL 

Acoustics and it would give a perception about the noise level of the gearbox a distance.  

Real testing should be made on an existing EV-gearbox and then compare with the modeling approach 

described in the method of this thesis used on the gearbox measured. Then the model should be modified 

accordingly to match the result from the real testing. The real testing should measure the vibratory levels 

on places where measurements for the Campbell diagram was taken. When the results match, changes 

can be done to the model to try minimize the noise.        
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Appendix 

Appendix 1 Campbell Diagram Node 6002 and 6003 

Figure 1 and 2 show the Campbell diagram for surface node 6002. In Figure 1 the lines represent the 

orders of gear pair 1 and Figure 2 show the order lines for gear pair 2.  

 

Figure 1 Campbell diagram of surface node 6002. The lines represent order 1-4 for gear pair 1 where order 1 

and 2 are distinguishable. 
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Figure 2 Campbell diagram of surface node 6002. The lines represent order 1-4 for gear pair 2 where order 1-

3 are distinguishable. 

Figure 3 and 4 show the Campbell diagram for surface node 6003. In Figure 3 the lines represent the 

orders of gear pair 1 and Figure 4 show the order lines for gear pair 2.  

 

Figure 3 Campbell diagram of surface node 6003. The lines represent order 1-4 for gear pair 1 where order 1 

and 2 are distinguishable. 
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Figure 4 Campbell diagram of surface node 6003. The lines represent order 1-4 for gear pair 2 where order 1-3 

are distinguishable. 
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Appendix 2 Acoustic response 15500, 19500, 30000 rpm 

The results for 15500, 19500 and 30000 rpm are shown in this appendix. For each rpm 1/3 octave bands 

for selected surfaces in Figure 3.10 and the whole surface are shown. The band that has the highest 

normal surface velocity levels is plotted the housing for each rpm. Transmission error are plotted for 

both gear pairs for each rpm. 
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15500 rpm  
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19500 rpm 
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30000 rpm  
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Appendix 3 Angular Velocity Differential Origin  

When setting up the dynamic model it has been found that the best way knowing if the simulation has 

reached steady state, before taking the samples of for the FFT, is looking at the angular velocity of the 

differential. The measures are taken in the (0,0,0) of the differential coordinate system, same 

coordinates as node 1002. During the runs the differential reaches steady later than the main and input 

shaft. In the figures below the angular velocity of the differential coordinate system is plotted vs the 

time of the simulations for 7 different rpm. 

 

 


